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Abstract
The Variable Displacement Engine (VDE) is a new generation of enginesdltdsigned to
decrease the fuel consumption at the cruise speed of a vehielésol&tion of the VDE's
new vibration pattern is beyond the capabilities of conventional maamdsbushings.
Consequently, in this thesis, novel active and semi-active solutien@@posed to develop
various semi-active and active hydraulic bushing proof-of-conceptnsydigat may solve

the isolation problem in a VDE system.

The dynamic stiffness response, which is the transfer funchiah relates the engine
displacement to the transmitted force, is normally used dsethdesign criterion for engine
mounts and bushings. In this thesis, a linear mathematical modeboiantional hydraulic
bushing is purposed. The validity of the mathematical model is confirmed by amexqutef

analysis, and the various parameters in the dynamic stiffness equativalaeged.

The experimental results indicate that the dynamic stiffiesguency response of the
conventional hydraulic bushing has both soft and stiff regions. Theegpbn is limited to
low frequencies. For the VDE isolation, the goal is to provide alaafhing for a wider
range of frequencies than a conventional bushing can accommodatéoi\adia short
inertia track, similar to a decoupler used in conventional hydraunligne mounts, may be
used to extend the soft region of a conventional hydraulic bushing, arekpeemental

results validate it.

Since the short inertia track provides no additional damping, a suppblme
Magnetorheological (MR) valve is also devised. The MR valve thasadvantage to

minimize the amount of MR fluid used, which significantly reduttes cost of the overall



system. The novel valve allows the damping coefficient of the bgsassembly to be
controlled by varying the electrical current input to a solewoitl A mathematical model is

derived for the MR bushing, and is validated experimentally.

In addition, an active bushing to solve the VDE isolation problem is pupodais thesis.
In this bushing, a magnetic actuator, composed of a permanent raagreesolenoid coll, is
included in the active bushing. This active chamber affects thandg stiffness response of
the bushing by altering the bushing’s internal pressure. The nonégaation of motion of
the permanent magnet is linearized and is incorporated into thenadvematical model of
the system. The new purposed model for the active bushing is in goselhreent with the
experimental results. This active chamber is also proved capélpeoducing complex

dynamic stiffness frequency response.

The conclusion is that the proposals in this thesis can contributee tesolation of the

vibration pattern, imposed by the application of a VDE system.
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Chapter 1: Introduction

One of the characteristics that define the qualitya vehicle is the amount of
noise-vibration-harshness (NVH) in the cabin. Auoanobile’s engine, body, and
chassis system are susceptible to undesirabletigibsa due to two sources of excitation:
the inherent unbalance of the reciprocating engarel the disturbances transmitted
through the suspension system from the road. Mull&gltin, Law, Roberts, and Siebler
(1994) have agreed that decreasing the mass afleshincreases the probability that the
energy sources will be easily transferred throdmghstructure as the vibration amplitudes
increase. Therefore, the increase in fuel econamlydecrease in price of the automobile

comes at a price: more NVH and less comfort.

The frequency of unbalanced engine disturbanceslased to the engine speed,
the number of cylinders, and the stroke number (M#k1977; Geck and Patton, 1984).
Typically, the frequency of these vibrations istie range of 1-200 Hz (Oueiet al
1999). Usually, at idle or low speeds the enginavegs high amplitude vibrations,
whereas at high speeds, low vibrations amplitudaiiec The amplitude of the engine
vibrations, in most vehicles, is less than th# at high frequencies (50-2082) and
more than 0.3nm at low frequencies (1-5Blz) (Jazzar and Golnaraghi 2001). At the
same time, the transmitted forces from the engmthé chassis are proportional to the
square of the engine vibration frequency that iases with speed. Generally, it is
desirable to restrain the relative motion of thegiee to satisfy the mechanical

constraints, although the criterion is to minimibe force transmitted to and from the



engine itself (Singh, Kim, Ravindra, 1992). Mininmg the transferred force reduces the
impact of the dynamics of the engine for a basagsis or body) excitation, improving
the ride, and minimizing the potentially damagimgriia forces on the engine. Also,
minimizing the transfer of unbalanced forces thiotige engine to the chassis reduces
cabin noise, and thus, improves rider comfort. €hego different situations pose a
challenge for designers in selecting the mount rpatars for the best isolation

performance.

Engine mounts are vibration isolators which areduge minimize the effect of
such disturbances. In the automotive industryttvee main functions of an ideal engine
mount are to isolate the vibration caused by tistuddance force in an engine, and to
prevent engine bounce from the vehicle frame ettaiigdEsmailzadeh, 1978; Clough and
Walter, 1968). Crede (1951) has reappraised anmbdaaped all the studies on vibration
isolation and engine mount optimization. Taking attege of what he learned, he has
devised viable techniques to protect machinery frelmck and vibration. Vibration
reduction entails the use of mounts which are &sasopossible. On the other hand, the
displacement constraints on engine deflection, tuphysical limitations, prevent the
mount stiffness from being too soft. Thus, engineunt design presents a demanding
optimization problem because of the conflictingesia involved. Today, a handbook by
Beranek and Ver (1992) is one of the most consuitégtences for engine vibration. The
principal functions of an engine mount can be sunred as,

Support the weight of the engine.
Prevent fatigue failure of the engine and gearhgpert points which can occur
if they are rigidly attached to the chassis or bsulycture.

Isolate the unbalanced engine disturbance foree the structure of the vehicle.



Reduce the amplitude of the engine vibrations #rat transmitted to the body
structure.

Reduce the noise amplification that occurs if eaguibrations are transferred
directly to the body structure.

Reduce human discomfort and fatigue by partialljang the engine vibrations
from the body by means of an elastic medium.

Accommodate engine block misalignment and reduce risidual stresses
imposed on the engine block and mounting brackets t chassis or body frame
distortion.

Prevent road-wheel-shocks that impart excessiveemewnt to the engine.

Prevent large engine-to-body relative movement tug¢orque reaction force,
particularly in low gear, which can cause excessiisalignment and strain on such
components as exhaust pipes and silencer system.

Restrict the engine movement in the fore and aéiation of the vehicle due to the
inertia of the engine in opposition to the accdlagpand braking forces.

Because of the two dynamic disturbances of intecoalbustion engines, that is,

the firing pulse due to the combustion of the faehe cylinder, and the inertia force and
torque caused by the rotating and reciprocatingsptre firing pulses cause disturbance
torques that act on the engine block. The disturbanertia force has two components:
the first component is parallel, and the secommkrpendicular to the crankshaft axis. The
second engine disturbance the inertia torque sis érallel to the crankshaft axis (gt

al. 2001). For multi-cylinder engines, the componeofs an unbalanced engine

disturbance depend on the number and arrangemené @iylinders in the engine. For a
four-cylinder, four-stroke engine, the frequencyfohdamental disturbances is at the
second order of the engine speed (Yu, NaganatmanhDakkipati, 2001).The frequency

range is 20-206iz for an engine speed range of 600 to 6A0A.



1.1 Hydraulic Engine Mounts and Bushings

In the 1980s, hydraulic engine mounts were deviseadtain better frequency and
amplitude response characteristics compared tcetbbsconventional elastomeric and
rubber-metal engine mounts. Typically, a hydraddicshing consists of a cast rubber
press fitted inside an aluminum bracket. The rultizer three chambers, two on the top
and one on the bottom. The chambers are filled withixture of water and ethylene
glycol. The two top chambers are regarded as cam chambers, since they are
flexible for the volume changes. These two compgkanhambers are connected with a
relatively wide track which does not contribute ttee dynamic performance of the
compliance chambers. Therefore, for modeling pwposhe two top chambers are
considered a lumped compliance chamber. The chambéne bottom exhibits a small
amount of compliance, since it supports most ofstaéic engine load and as a result, it is
manufactured thick. This chamber is connected éoctbmpliance chambers by a long
narrow track, called the inertia track. Since ergiibrations cause the lower chamber to
pump the fluid to the compliance chambers, thatntyex is called a pumping chamber.

Hydraulic bushings are very similar in performamace functionality to hydraulic
mounts. The common feature of all hydraulic mousthat they cause high damping at
high amplitudes, and low damping at low amplituddgdraulic mounts and bushings
can meet two conflicting design criteria, by exhilg nonlinear dynamic properties
which vary with both the deflection amplitude ark texcitation frequency (Flower,
1985). First, the resonance control in the rigiddyowibration region of the engine
mounting system ranges from 5 to 32 Such control is achieved through high damping

and stiffness for high deflection amplitudes. Seltpn the vibration isolation



characteristics are exhibited beyond this frequenegion with low damping and
stiffness, when the deflection amplitude is lowp{tally, below 0.2 mm). The precise
mechanisms producing such spectrally varying anglitude-sensitive behavior do not
exist in nonlinear fluid damping devices.

Cavanaugh (1996), Bernuchon (1984), and Corcorah Eoks (1984) have
written most of the original papers in this field. addition, they have introduced the
principal nonlinear characteristics of hydraulioqgiere mounts. Also, Clark (1985) has
identified the basic principles for optimizing tldynamic performance of mounts.
Various types of hydraulic mounts and bushings Haeen developed for vehicle mount
systems by Golnaraghi, Nakhaie, and Geisberger2(20@ll the hydraulic mounts
reported in the literature are conceptually ideaitid heir differences are mainly in their

detailed structural designs.

Singh et al. (1992) have confirmed experimentally that a senplodel of a
hydraulic mount can be used to model the systentowat frequencies, since the
contribution of the higher modes of vibration aegligible. Singhet al. (1992) have also
pointed out that the compliance of the mount is ated by the rubber, and the effects
of fluid compressibility are insignificant. In agion, Kim and Singh (1993) have studied
the nonlinearity in the various components of arhytic mount without a decoupler,
behaving similarly to a hydraulic bushing. Fronmstbktudy, it is found that the inertia
track produces quadratic fluid damping and thattbinearity of the rubber compliance

can be neglected.

Colgate, Chang, Chiou, Liu, and Keer (1995) hawr@red the dynamic stiffness

response of a hydraulic engine mount to composite sputs, roughly simulating



simultaneous engine and chassis vibrations. Howéweris not an accurate model, since
the engine input is force, not displacement, inthcathe benefits of a base excitation

experiment.

Using experimental methods pioneered in the ea®90&% by Kim and Singh
(1993); Geisberger, Khajepour, and Golnaraghi (20@2ve developed an excellent
experimental apparatus to extract the dynamic respof all engine mount subsystems.
From this investigation, Geisberget al (2002) have created an extensive model,
including several accurate nonlinearities such asodpler flow resistance to vyield

accurate results over a wide range of frequencyeamalitudes.

Also, Golnaraghi and Jazar (2001, 2002) have ddvesesimple model of a
hydraulic mount with only a decoupler, and dematstt the validity of the model
experimentally for both low and high frequencies, well as a nonlinear study of

decoupler dynamics using perturbation methods.

1.2 Mount Parameter Optimization

It is well known that conventional vehicle engiselation is achieved by passive
elements. For a passive system, the system panmamate invariable after they are
selected. Therefore, the isolator parameters muistabefully selected during the design
period. However, this choice involves a numberahpromises, arising from the desire
that a isolator must be soft to minimize the agedien levels and simultaneously it must

be stiff enough to control the changes of the emgibration amplitude.

For a long time, efforts have been made to havedssive isolation system work

in an optimal manner by optimizing the parametdrdhe isolator system. However,



because of the intrinsic limitation of a passivelaton system, the improvement is
effective only in a certain frequency range. Ald® optimal results are dependent on the
cost function of the system. Until now, there haerb no uniformly accepted cost
function for isolation systems, even for a simpteér one degree of freedom (1 DoF)

vibration suspension system.

Pintado and Benitez (1990) have optimized a foueelhndependent suspension
model in the time domain by minimizing the accedieraof the suspension system at a
design point, when the system parameters such a&s, damping and stiffness are
bounded. Baumadt al (1998) applied Genetic Algorithms to optimize ®@F quarter-
car model, based on ride quality. Tamboli and J¢$8D9) have optimized a passive
suspension system when it is subjected to randdomatons. Sun (2002) has optimized
the walking-beam suspension system by minimiziggtobability of the peak value of
the tire load exceeding a given value, when théegyss subjected to rough pavement
road surfaces. To optimize the damping ratio arfthess in a linear vibration isolator,
the root mean square (RMS) of the absolute acdmlrrand displacement are used in the
frequency domain (Chalasani, 1988azaret al (2003) have attained an optimal curve
representing the minimum of the RMS acceleratiothefsprung mass with respect to the
RMS relative displacement. The resultant curveseduto select the optimal damping
coefficient and stiffness, when the suspensionesyséndures a road excitation in the

range of zero to 2Blz.

Different methods, applicable in the optimizatiof this system have been
proposed by Kampest al (1971). The optimization techniques are concegdran the

frequency domain (Royston, and Singh 1996; Narim@ulnaraghi, and Jazar 2003,



2004). The complexities of describing the phenonemi neglecting the response of the
system in the time domain are the two shortcomaidgbese approaches.

The art of optimization can be taken to any levéllodern computing power
permits optimization on an unimaginable computatioscale. Lin, Luo, and Zhang
(1990) have developed an optimization strategyafiorn DoF system. The method,
presented by Liet al (1990), uses a relatively complex cost functiod produces good
response results, but at the cost of being compotdly intensive and highly

sophisticated.

In addition to the standard linear analysis of asmis, it is very common to
conduct nonlinear studies. This area of reseascbfigreat interest because of the
potential to discover bizarre stability behavioucls as bifurcations in the case of cubic
systems, as shown by Oueini, Chin, and Nayfeh, {19%o0lnaraghi and Jazar (2002)
have found that the nonlinearity in engine mourtodglers can cause high frequency
instabilities. Narimani, Golnaraghi, and JazarO@0Ohave also analytically investigated
the frequency response of the piecewise lineaatsoland showed the occurrence of
frequency islands; these phenomena have been medfivith numerical simulations.
However, a vigorous stability study is not the mémus of this nonlinear research.
Instead, the potential to use nonlinearity to malaife steady state vibration is examined,
with the intent to optimize a simple passive ismlatNayfeh, Emaci, and Vakakis (1997)
have used various orders of damping and stiffnesdinearity in a 3 DoF vibration
isolator. Nayfehet al (1997) essentially have transferred the vibratoergy to a
bounded nonlinear mode of vibration, known as m@ar normal modes (NNMs). More

recently, Vakakis, McFarland, Bergman, Manevitcimnd aGendelman (2003) have



implemented NNMs in a technique called energy pugpusing cubic nonlinearity.
Vakakiset al (2003) have claimed that over 80% of the inp&rgy can be absorbed by

the NNMs.

1.3 Active Mounts and Bushings

The idea of designing a passive linear isolatorctvhtan minimize the force
transmitted and simultaneously minimize the regatidisplacement is unrealistic.
Isolation from force cannot be achieved without ttmst of deflection (Andrews,
2002).The need for active or semi-active systenmsesofrom the increasing demands to
minimize the transfer of the engine vibration enetg cabin noise, as well as the
continuing decrease in the mass of the vehiclenga® more engine vibrations and less
rigidity. Due to this and the hydraulic bushing Bggttion limitations, the development of
cost effective semi-active or active isolation solus is the next frontier in engine
isolation problems. Moreover, the introduction \ériable Displacement Engines

(VDE) has intensified the pursuit for a controlialidolator.

Producing a reliable active mount is difficult sen€requires an actuator, adequate
sealing, moving parts, and possibly large amoumtenergy for the actuator, not to
mention other design issues. In an active isajasiystem, generating a proper control
signal to change the characteristics of the isolaftectively is essential; basically the
damping and stiffness of an active isolator mustadgisted for the optimum values

(Inman, 2001). Active suspensions, which are ctllyehe subject of intense studies, are

! DaimlerChrysler's Multi-Displacement System (MDEprcedes-Benz's Active Cylinder Control (ACC), GeheMotors'
Active Fuel Management (AFM), and Honda's Varidbidinder Management (VCM)



intended to overcome the problem of maintainingptimal suspension performance for
a wide range of speeds and road conditions (HdllTamg, 1990).

In the absence of proper passive and semi-actblatigs, active controllers have
been adopted for numerous industrial applicatiamsluding helicopter rotor isolation
(Smollen, Marshall, and Gabel, 1962; Crede and Gawgh, 1985), aerospace (Smith
and Lum, 1968; Leatherwood and Dixon 1968), mpitdighters (Calcaterra and
Schubert; Schubert and Ruzicka, 1969), isolatioairicraft (Swanson and Miller, 1993),
automobiles (McDonald, Elliott, and Stokes, 199&gfer production (Anderson and
Houghton, 2001), Naval systems (Winberg, Johansand, Lago, 2000), and aircraft
cabin noise reduction (Stothers, 2002).

There are various controlling techniques to achiepgmal parameter values in
active isolators (Serrand and Elliot, 2000; Ste#93). In the past decade, researchers
have investigated nonlinear vibration absorbershwitternal resonance and energy
transfer approaches. Golnaraghi (1991) has intedidlce concept of using a nonlinear
absorber based on the internal resonance phenomandnTueret al (1994) has
extended the theory to active systems.

Some of the related work in active isolator desgyreported in marine isolation.
Here, the vibration that propagates from propulsaod auxiliary machinery can cause
significant problems associated with passengercasd comfort. Moreover, there is the
generation of acoustic noise from the hull, crepinsevere detection hazard in a naval
vessel and for civil vessels such as those usdishbgry research organizations (Daley,
1998; Darbyshire and Kerry, 1997; Johnson and Savike, 1996). At early stages, the

isolation depended on the electromagnetic levitatibthe machinery propeller; however,
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the original concept required large numbers of a&tomns, and therefore, represented an
expensive solution. Later, the local mount conérolas based on a modal LQG solution
that had a feedforward and high-gain feedback compb(Daley, Hatonen, and Owens,
2006). Recently, BAE Systems have been developm@adive isolation technology
known as themart springmounting system (Daley, Johnson, Pearson, andnDB@04).
This is a hybrid active/passive solution that ism@re practical and lower cost
development of fully active technology.

There are several active control engine mountsrtegon the literature. Kosuke
and Tatsuhida (2006) have placed an actuator inldiver section of the hydraulic
bushing (Kosuke, 2006). Their actuator controls émgine mount characteristics by
means of the fluid in the pumping (main) chambeitllifHet al. (2005) have used a
magnetic actuator, similar to a voice coil actusitdo design an active engine mount
(Hillis, Harrison, and Stoten, 2005). The passiwetion of the mount is designed to have
characteristics similar to a standard passive hwdranount. The actuator controls the
diaphragm and changes the pressure in the mauth ¢hiamber. A similar actuator has
been earlier designed by Yoshihatual. (1999) and Nakaji, Satoh, Kimura, Hamabe,
Akatsu, and Kawazoe (1999) to control the activgirem mount characteristics by
controlling the main chamber fluid pressure. Haotcgt al (1994) have utilized
piezoelectric actuators in their active engine ntotihis active mount is placed between

the jet engine and the fuselage of an airplane.

1.4 Semi-Active Mounts and Bushings

Similar to design of active isolators, the desifjsemi-active isolators requires an

actuator and moving parts resulting in the poordraf an active mount with limited
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incremental performance. Semi-active isolators roffe significant improvement in
performance over passive isolators (Schubert, 1$b@ureshi, 1986; Karnopp, 1974;
Duclos, 1987; Ushijima, 1988). These systems betiefm the advantages of active
systems with the reliability of passive systemgh# control system fails, the semi-active
isolator can still work in the passive mode. Iniédd, the power consumption of these
systems is very low; that is, they can change ttigaracteristics to make different levels
of resisting forces according to a low power-comdiag signal. These characteristics
render the semi-active devices attractive in appbos where reliability is the main
Issue.

Although there are many different semi-active moutksigns, a new
manufacturing trend is to use ElectrorheologicaR)YEand Magnetorehological (MR)
fluids. These smart fluids, ER and MR fluids, hawmilar properties. Their resistance to
flow and their energy dissipation characteristies ®e modulated through an applied
electric field or electro-magnetic field.

ER fluids are comprised of a mixture of semi-coruhgcparticles in a dielectric

carrier liquid, and were first discovered by Wingl¢1949). ER fluids are activated by a

high electric field in the range ofkY/ MM(Peelet al, 1996). The application of the
electric field to the fluids enhances the sheasstidevelopment. However, the relatively
low shear force and high working voltage preveetuke of ER fluids in many industrial
applications.

MR fluids are composed of magnetically polarizgideticles suspended in a low
viscous fluid media. When the external magnetild fie changed, the viscosity of an MR

fluid reversibly changes in microseconds. This aff@as first observed by Rabinnow
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(1948). Without a magnetic field, an MR fluid h&e tproperties of a Newtonian fluid,;
however, with a magnetic field, the particles altppmselves with respect to the field,
and form chains or columns. As a result, the visgad the fluid varies. The yield stress
of the MR fluid depends on the type of magnetidipias in the fluid, the viscous fluid,

the particle volume density, and the strength efrtiagnetic field. The yield strength of
MR fluid is 50~100kPa (Dyke et al, 1996).

Although MR devices are displayed in different fgrrthey can be classified into
three working modes: flow mode, shear mode, andetpimode (Jollgt al, 1999). For
the flow mode, the fluid is forced to flow throughfixed pole magnetic field. Examples
of flow mode devices are servo-valves, dampers, dmatk absorbers. For the shear
mode, the fluid is moving magnetic field. Shear ma@vices include dampers, clutches,
brakes, and chucking devices. In the squeeze ntloelé&/IR fluid is subjected to a tensile
and compressive load by oscillating a plate. Stheefluid tends to be squeezed out of
the electrode, there is also a shear force thgemerated, in addition to the imposed
tension or compression. The squeeze mode has Ippeopaate in low motion, high
force applications (Jolly and Carlson, 1996). A pamson of the three working modes in
Figure1-1, indicate that the shear mode can produce arwahge of variable damping
forces with a large relative motion. Moreover, lire tshear mode damper, the zero—field
damper force is smaller than that in other modés. @rovision of a small damping force
is a key characteristic for a damper working in #edicle suspension system because
when a vehicle runs on a road with a low roughnadsw damping force results in a

better ride comfort.
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Figure 1-1: MR fluid working mode

The yield stress of MR fluids is dependent on thegnetic interaction of the
particles in the MR fluid. Until now, most statibesar stress models of MR fluids have
been based on the magnetic dipole interactionsdmtviwo adjacent particles within a
particle chain. These inter-particle interactions then averaged over an entire sample to
yield a model of the bulk magnetorheological eff@dtarpavat, 1974; Spasojewét al,
1974).

Jolly et al (1996) have proposed a quasi-static, one-dimeakimodel with the
same assumptions as Harpavat (1974). Jolly’s magdgests that the MR material stress
is quadratically related to particle magnetizatiBorcea (2001) has created a model that
takes into account the fully coupled magneto-atastieractions. The distribution of the
magnetization in the material is calculated byrthieimum energy principle of magneto-
elasticity. By simplifying the dipole interactions the same direction as the external
field, Shigaet al (1995) have analyzed the modulus change of therrah Also, Shiga’s
model takes into account only the magnetic intevadbetween the two nearby dipoles,
indicating that the increasing shear modulus idcatecally dependent on the magnetic
field intensity. Ginder (2000) and Davis (1999) @amployed the finite element analysis
method to determine the values of the modulus wiried magnetic field. In summary,

for the available dipole interaction models onlg #tatic yield stress is considered, but
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they provide an elementary physical model thatesgnts the relationship between the
magnetic strength and shear stress.

The applicability of MR fluid in vibration isolatrowas first demonstrated by Peel
et al The industry adopted the application in the 1980s a follow up, Jollyet al.
(1999) and Davis (1999) have designed and intratlecenathematical and mechanical
model using MR fluids. MR semi-active systems reprg¢ low cost, low energy
consumption, and potentially, a very effective adimin solution with no moving parts.
Over the next 20 years, vibration isolators base® fluids should thrive.

Recently, there have been several applicationsectrerheological (ER) fluids to
mounts and isolators and, but not nearly as mamgessimilar applications of MR fluids.
Williams, Rigby, Sproston, and Stanway (1993) hdwelt a simple model of an
automotive engine mount. They were able to mathieally simulate the steady state
behavior, and experimentally generate promisingltesith their scaled model. This
design utilizes the squeeze flow mode propertieshef engine mount. A full scale
prototype of a flow mode ER engine mount have h@@posed by Hong, Choi, Jung,
Ham, and Kim (2001), demonstrating that the fluah aeduce the transmissibility of
acceleration and displacement using skyhook cdetsolIn essence, a MR hydraulic
bushing is a vibration isolator which is controllbg a microchip. The microchip, in
conjunction with sensors to quantify the vibraticarsd provide feedback, controls an
input electric current to the hydraulic bushinghisTcurrent creates a magnetic field in
the inertia track connected to the chambers obtlshing filled with MR fluid. As the
hydraulic bushing begins to vibrate, it pumps M&dIthrough the inertia track from one

chamber to the other and vice versa. Thus, thenatexfield, induced by the microchip
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controller can be used to control the flow of flu{ly increasing the yield stress of the
fluid via the magnetic field), through the inertrack, changing the characteristics of the
hydraulic bushing.

There exists very little prior work on MR enginelestors. Of the very few
documented experiments, Choi, Lee, Song, and RP&®2], and Choi, Song, Lee, Lim,
and Kim (2003) have designed and manufactured aanmode MR engine mount and
conducted base excitation experiments to complé@dware-in-the-loop full car model
to demonstrate the effectiveness of their desiglsoAwith a skyhook controller,
Shtarkmen (1993) has patented a similar design.

However, to date, there exists little evidence thate has been a great deal of
research conducted on the application of MR fllndiee mounts, operating in the flow
mode or valve mode. One patent does exist, folementing MR fluid in an engine
mount with a decoupler (Baudendistl al, 2002). Also, MR damper designs exist
which utilize the flow mode characteristics and shah them are patented by Carlson,
Chrzan, and James (1994). It has been shown bkiKWBossis, and Bashtovoi (2003),
as well as Kuzhir, Bossis, Bashtovoi, and Volko2@03), that MR fluids perform best in
a pressure driven flow where the orientation ofrtiegnetic field is perpendicular to the
direction of the flow. A more efficient design h&gen presented by Gorodkin,
Lukianovich, and Kordonski (1998) and patented loydonskiet al (1995).

A theoretical study of the effectiveness of an Migling has been conducted by
Ahn, Ahmadian, and Morishita (1999), and Ahmadiawl &hn (1999); however, the
bushing presented by Ahet al (1999) has a slightly different model than theumo

referred to in this particular study. Moreover,n?dt al (1999) and Ahmadian and Ahn
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(1999) have only considered increasing the dampmiagthe fact that the MR fluid can be
useful in allowing the damping in an otherwise pedy mount to be very small, and

increasing it significantly via MR effects arourgtresonance.

1.5 Variable Displacement Engine Isolation

The real need for a new isolator spawns from thedn&® minimize fuel
consumption, leading to the implementation of VDEdso known as cylinder
deactivation. A VDE system supports different l@additions, thus, it is too difficult to
maintain the NVH performance of the vehicle witle tturrent isolator design. There are
various mechanisms to influence the force produlbgdan isolator; in particular a
hydraulic engine bushing and mount. For every raeidm, there are several proposed
designs for active and semi-active mounts. Withdkception of the design proposed by
Matsuokaet al (2004) for the 2005 Honda Odyssey, none of tlegipus designs appear
to be in production for the automotive market.

Improvement in the fuel economy has led automothenufacturers to design
engines which automatically switch between modesopération. Each mode is
characterized by the number of cylinders firingpeleding on the requirements of the
driver. For example, for accelerating, all sixiegers in a V6 engine should be firing to
provide the maximum amount of power; however, otloee target cruising speed is
reached and the load on the engine decreasesntiieeEManagement Unit (EMU) can
remove any three cylinders from the firing sequeihtardieet al, 2002). More than 25
years ago, Jackson and Jones (1976) have discotraethis technique requires 25%
less gas in a V16 cylinder engine by using deatitivaof the cylinders. Also, the authors

have reported torsional vibrations during the shiitig to the VDE mode, requiring a
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special torsional analysis. High energy savingsaghievable largely due to the fact that
a steady state speed requires only a minimal amalupower (less than 30 HP) with

respect to the maximum power of modern vehicleslvigian exceed 300 HP (Ashely,
2004).

The change in the number of firing cylinders présenvibration loading beyond
the isolating capabilities of a conventional hydi@bushing. Although the mechanical
unbalanced vibrations, occurring at the frequerfaptation of the crankshaft, remain the
same (first order vibrations), the other orders laaéved (with half of the cylinders
deactivated). For example, the frequency of thelagstion force, produced by a four-
stroke engine with P cylinders, is

_ 1 min 1cycle
fn - Ncrankshaﬂ
60 s 2 rev

P,

whereN is the RPM of the crankshaft (or engine), fn is tith order of vibration, n

crankshaft
is the multiple of the crankshaft rotational freqag which is P/2 in this case, and the
cylinder fires once every two rotations of the é&simaft. Consequently, for a six cylinder
engine, a third order torsional vibration is inddidey the combustion and firing of the
engine (Rao, 2004). When the engine switchesreztbylinders, the torque produced by
the firing occurs in an order of 1.5, in agreemaith the studies by Matsuoka, Mikasa,
Nemoto, and Gehm (2004).

As mentioned by Matsuokat al (2004), since the net amount of the crankshaft
torque produced must be constant between the twaesnohe three cylinder combustion
pressure must double. There are half as many &rnénd therefore, the forces which
induce the torsional vibration double in magnituddne realization is that the appropriate

isolator should be half as stiff in the operatirggluency range of the three cylinder mode
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of the engine. This is approximately 1000-2200 RPiM = 25- 5%Hz). In addition, the

isolator must maintain its performance in the sygkntder mode as well as the current
products do. The realization is thtae appropriate isolator should be half as stiffthe
operating frequency range of the three cylinder enad the engineapproximately

between 1000-2200 RPMf(, =25- 58H4z). In addition,in the six cylinder mode the

isolator must maintain the performance levels comapk to (or better than those of

existing conventional products.

1.6 Thesis Overview

The need for a semi-active or an active isolatoraotomobile applications is
established in Chapter 1. Besides the high demandefsatile isolators to improve ride
quality, the introduction of the VDE engine is thencipal motivation for this research
activity. The objective is to design and manufaetarsemi-active and an active engine
bushing to solve the VDE isolation problem.

Passive mount parameter optimization is the sulgéc@hapter 2. The passive
components such as the stiffness and damping ofubbker bulk of a conventional
hydraulic bushing are optimized in both the timed drequency domains. Although
designing a passive bushing is not an objectivekisfresearch, the RMS optimization of
these parameters is essential due to the facttibattatic load of the engine should be
supported the passive components, even in senvieaatid active bushings. The base and
forced excitations are studied separately. The RMS3he absolute acceleration and
relative displacement are adopted for the basdatxm optimization, whereas the RMS
of force transmissibility and absolute displacemard used for the forced excitation

optimization.
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In Chapter 3, a simplified linear model, correspgagdo a hydraulic bushing, is
proposed. The various components of a conventioya@taulic bushing are represented
by a lumped equivalent module. A mathematical destration of the lumped model is
then derived. An experiment is performed to vabddite proposed mathematical model.
Various parameters of the conventional hydraulishing are identified by a curve fitting
process. The dual dynamic performance of the hyidraushing is discussed in detail, in
both time and frequency domains. The essentiaufestof a conventional hydraulic
bushing and the effect of the key components offyaraulic bushing on the dynamic
response are detailed.

Chapter 4 deals with the inertia track effect om dynamic stiffness response of
conventional hydraulic bushings. It is shown nuicatly that the soft region of the
dynamic stiffness response in a conventional hydrdnwshing can be extended to high
frequencies by a suitable selection of the inetaek size (reducing the length and
increasing the cross-sectional area). In additiathough this is experimentally
confirmed, not enough damping is produced by tluetshertia track.

To overcome the damping problem an MR chamber ssgded and tested, as
described in Chapter 5. The chamber's MR valvenesrgized by a solenoid coil. This
valve can be classified as a flow mode MR devidee @iesign of the valve allows the
iron particles inside the MR fluid to align perpéndar to the flow motion and produce
the maximum shear stress. Not only does the MR bkarmeffectively controls the
damping level, but also is economical in its congtiom of MR fluid.

The design of an active compliance chamber is di&saiin Chapters 6 to 8. it is

comprised of a permanent magnet attached to a eamhjliaphragm. A solenoid coil is
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adopted to attract and repel the permanent magnptaduce mechanical pulses. The
lumped and mathematical model of the active chang@rojected in Chapter 6. It is
found that the magnetic force produced betweersdhenoid coil and permanent magnet,
is a nonlinear function of the distance and theliagpelectrical current. A linearization
technique is implemented to simplify the analy3ise experimental results validate the
linearity of the active chamber in the desired tiexcy region.

The novel active chamber is connected to the cdmweal hydraulic bushing.
Different inputs are applied to activate the peremnmagnet. More complex signals
produce sophisticated responses. The effect ofative chamber on the pumping
chamber pressure response and the bushing dynasponse are studied in Chapter 7
and Chapter 8 respectively.

Chapter 9 pertains to the difficulties encountededng the research, as well as
some remedies. Lastly, the conclusion and recomatems for future work are found in

Chapter 10.
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Chapter 2: Passive Mount’s Parameter Optimization

In this chapter a linear 1 DoF engine mount is @rachto obtain the optimum
mount parameters in a passive configuration. Adagx@d before, an engine mount is a
device that is used to isolate the vehicle bodynfrthe engine vibrations, forced
excitation, and the effects of road-induced disdndes on the engine, base excitation, are
minimized. In this study, it is assumed that thstem is linear. This allows a simplified
analysis of the frequency and time response clarsiits in both excitation cases (base
and force).

The optimal damping and stiffness values for thelater are obtained by
minimizing certain cost functions in the frequenayd the time domains. The cost
function is based on RMS of the absolute accetaratind relative displacement in the
frequency domain, and on the transmitted acceteratnd absolute displacement in time
domain. The time and frequency responses of tHat@oare optimized by varying the
stiffness and damping ratios for both the base fanckd excitation cases. After the
optimal values are obtained, the results are eerifiumerically. It is interesting that,
although the mathematical model is linear, the tand frequency optimal values are not
the same. As a result, this exercise shows thgiaseive-mount is adequate to deal with
all the application specifications and isolationtesta. Here, a novel approach is

suggested to select the mount parameters for \s&apassive or active configurations.
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2.1 BACKGROUND

2.1.1 Linear Passive Engine Mount Model
To study the passive 1 DoF engine bushing, a sirmadel is constructed. It is

composed of a linear spring and damper, as illtestren Figure2-1. In the literature, this
model is known as the Kelvin (Voigt) model of rubb&he equation of motion of this

model is

mx+c(x- yy k(x y9 mie, cosf (2.1)

which can be rearranged to the following form:

mx+ cx+ kx= me,” cosg, t oy |, (2.2)

where m is the effective mass of the enginejs the damping coefficients is the
stiffness, andm, is the mass of the engine unbalance of eccentreciind rotational
frequencyug,. The absolute displacement of the engine and aeseepresented by

andy, respectively, and the relative displacement isotkxd x,. The force transferred

through the mount is

F(t)=mx- mer,” costy, B oy %) kéy & (23)

The design objectives can now be restated in tefitise above system parameters, the
challenge is to find the optimal linear stiffne&3 énd dampingd) which constrain the
displacement of the mass, measured by the coordinake or X, yet minimize the
transferred forcé&+(t) criteria due to either a base excitation meashyethe coordinate

y, or an input forcd-(t) generated by the engine. With this linear motha,principle of
superposition permits the study of the two distodes; base excitation and unbalanced

forcing, independently.
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Figure 2-1: Schematic of a linear 1 DoF isolator represeirtg an engine mount

2.1.2 Base Excitation
Machines or their parts are sometimes excited trahgir elastic mounts. For the

base excitation disturbance, (2.2) can be nondilmeakzed and rearranged to yield
X 2%+t =y, (2.4)

where the parameters are

__¢ L =x(t)-
= o dkm Wn—\/; 2pf, % (O)=x(0)-y(1). (2.5)

Note that in the absence of force on the masgrdhnesferred force becomes
F(t)=mx=c(y- x¥ k(y x. (2.6)
Thus, F1(t) is directly proportional to the absolute accdieraof the mass. From(2.4),

the transfer function of the system, relating thescdute acceleration and relative

displacement to the input, are (wherav/ )

2.7)

_‘ W1+ (2xr)?
J(@- r?)*+ (20r)?

and
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/ =

1 X-Y|_ r
Y

) 2.8
J@- 12)% (2ar)? 29)

The absolute acceleration and the relative dispiecg curves are illustrated in Figure

2-2.

2.1.3 Force Excitation
The force excitation is a general name for theatibn caused by an external

force in a mass, isolated from a base. Given atbdisturbance in the form of engine

unbalance, (2.2) is nondimensionalized to the valhg form:
X+ 2w x+w x= f (1), (2.9)
where the disturbance force is

fo(0) =00 = T, 2 cos( 1) (2.10)

The transferred force is

FT(1)= FTr:)

= 2XW; X+ W X. (2.11)
If the magnitude of the force is assumed to be temsthe following transfer functions
can be written, relating the transferred foFgeand the displacement of the mast the

input magnitude, respectively, as

e- [FTI_|F =\/ L (2xr)” (2.12)
f,| |FI V(- r?)% (2x)
X 1

L=|—= , 2.13
fol w1 r?)™ (2x)? @29

where r= g/ w,. Eq (2.12) is a linearly scaled version of the iomttransmissibility

illustrated in Figur&-2. Eq (2.13) is depicted in Figuze3.
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Figure 2-2: The frequency response functions of the basgditation linear passive isolator.
Furthermore, if the amplitude is assumed to vamh wie frequency as follows:
_ 2
F|l=men,’, (2.14)

The transfer functions” and W/ similar to (2.7) and(2.8), represent the force #mel

displacement transmissibility, respectively, as

R | 1+(2a)?
y _‘moean =r \/(1- Ve () (2.15)
and

_‘ Xm| _ r?
W = (2.16)

me (1 r?)= (2a)?
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Frequency Ratio mﬁfm

Figure 2-3: Amplitude with respect to static displacementinder a harmonic force
2.2 FREQUENCY OPTIMIZATION
The optimum stiffness and damping ratio valueshefrhount are obtained by using a
simple cost function in the frequency domain. his tase, the cost function is defined by

using the RMS to average the acceleration and displant over the frequency range of

0-20 Hz The definition of the RMS of functiam(») from w=0-20 Hzis as follows:

RMS(hw ) \/ﬁ by dv. (2.17)

Hence,

U7

R= RMS(a, absolute acceleration RM$

Base excitation
h=RMS(/ ) relative displacement RMS

Harmonic Forced 7 =RMS(F ), force transmissibility RMS

excitation g=RMS(L ), absolute displacement RMS

Unbalanced ¢ =RMS( , force transmitted RMS

excitation G =RMS(W), absolute displacement RMS

2.2.1 Base Excitation Optimization
According to the base excitation defined critetigg following procedure is used

to optimize the design parameters in the linearirengnount problem. The RMS

acceleratiorR is defined as a function @f by usingx and w, as parameters. It can be
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seen from Figur@-4 that functionR(/7) has a minimum for the constant valuesigf
and a maximum for the constant valueg ofrhe line of minima in th&-/ plane forms
an optimum curve for the linear isolator. Thethi# limit value of the RMS of either the

acceleration or displacement is known, the optimwatues of the damping ratio and

natural frequency are easily found by examininguFa@-4.
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Figure 2-4: Contour curves for the function R=R( )

2.2.2 Forced Excitation Optimization

2.2.2.1Constant Amplitude Harmonic Force
As previously shown for the base excitation optatian, the RMS of force

transmissibility ¢) and displacemeng) are both functions of andw, ; thus, for a unique
pair of xand w,, a related value of andgcan be found to illustrate the preceding results

in the7- g plane in Figur@-5. Here, the line of minima represents the optidamping
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ratio which yields the minimum force transmisstyilfor a given stiffness or natural

frequency.

Figure 2-5: The RMS force transmissibility versus the RMSbsolute displacement

2.2.2.2Unbalanced Force (f(t)|=meE
Similar to Figure2-4, representing the- # plane discussed in Section 2-2-1, the

results of the unbalanced force case are summarizée c-G plane, Figure@-6, where

a line of minima represents the optimal dampingciwhjields the minimum RMS force

transmitted given a certain natural frequency.

2.3 TIME OPTIMIZATION
For time optimization, the main interest is thensiant response of the system.

Similar to the frequency optimization, the cost diions are the acceleration (force)
transmitted, and relative or absolute displaceméné variation of these two functions
with the natural frequency (the frequency ratio floe sinusoidal inputs) and damping

ratio for the different inputs defines the optimenrve in each case. Since the solution
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of the equation of motion depends on the inputffarént analysis may be required. To

show the optimum curves a unit step, a unit pasd,sinusoidal inputs are employed.

Figure 2-6: The RMS force transmitted versus the RMS absate displacement

2.3.1 Base Excitation
A simple spring-mass-damper model is used for #eelexcitation problem, as

shown in Figure-1. The forcing term can be eliminated from (Z@¢h that,

mx+ c(x- yr k(x y9 0. (2.18)

This is the equation of motion in the absolute dowates. By rearranging (2.18) and
expressing it in terms of the relative displacemén#l) is derived. These equations are
solved for the different inputs. The optimizatiamgess for each input is described in the
following sections.

2.3.1.1Unit Step Input

By solving (2.4) forx,, the response of the system to unit step is,

X

(1) =-

sin(t) cos@, t))e™ . (2.19)
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Since the second derivative gfis zero, the second derivative of (2.19) yieldsthe

absolute acceleration,

-3x+ 4x°

VJ1- x?

The peak of relative displacemegtoccurs at

a(t)=((1- 4x*)cos(w, t¥ sin(w, ) €.  (2.20)

_cost(2x*- 1)

t1
W\J1- X

(2.21)

The relative displacement peak can be found bytgutisg (2.21) in (2.19),

xcos'(2x*- 1),

VJ1- x?

The peak of the absolute acceleratigmccurs at a different time and it is calculated by

X, = exp(-

(2.22)

) _2cost(2x*-1) p
’ W\J1- X° '

(2.23)

By substituting (2.23) in (2.20) the absolute aeraion peak is represented by,

2cos* (x*- 1) p

J1- x?

The curves of the peak absolute acceleration vdaisipeak relative displacement are

a, = exp(- x ) (2.24)

drawn in Figure2-7 for the various damping ratios and natural deetgies. As (2.24)
predicts, the dependency of the peak acceleratromaiural frequency is boundary
limited, and therefore, the lower stiffness restuftslower a, values. Figure2-7

demonstrates the minimum peak value of the absalteleration occurring &t=0.36,

illustrated by a thick vertical line.
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Figure 2-7: Peak value of mass acceleration versus peaklwa of relative displacement

2.3.1.2Pulse Input
The superposition of the two step inputs, with écurad opposite amplitudes

happening at different starting times, is usedr&at®e a pulse response. The duration of
the pulse, which is the delay between the two gulb@s a significant effect on the
transient response of the system. In reality,efphlse duration is selected to be long, the
system has enough time to settle before the ndsemtarts. However, a short duration
causes the transient responses to affect each oHexe, the pulse duration is set at 50
msec(that is, the negative step input startsniecafter the positive step). The relative
displacement and absolute acceleration equatianthif® system, when the time is less
than 50mse¢ are the same as (2.19) and (2.20). However, asetwf equations should
be derived so that the initial conditions are cdesed at the instant the negative step

input is initiated. The equation of relative motiamd absolute acceleration are derived as
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Vo ¥ XX - 2XW, iy 1)+ %, costy t)E™,  (2.25)

Xrel :(
Wi/1-

and

o ((2xm - Vg WE XF o X 234w )
a(t)=( =
«/1-)(

(2w, - - X N 2 v 22X )

J1- X

wherexy, andvy are the displacement and velocity of the mas$atitne the negative

sin(u,t) +
: (2.26)

5 Xt

cos(n, t))e

step begins. For such a system, the peak of reldtsplacement occurs at

1 2XW, - V,

tan
g = XV 20,y (2.27)

wL- X

whereas the peak of absolute acceleration occues Wht or

ot VL X (B 2ux V5 ApxX 2, )
- XoW- BxVE 2w Xt ACvE 6w 8wy

w\J1- x°

+t.  (2.28)

t,=

Figure2-8 shows the curves of the peak of absolute aatada with respect to the peak
of the relative displacement for different dampmagios and natural frequencies. The
simulation results demonstrate the existence afimal damping ratio for each natural
frequency. The line of minimum is highlighted bpald line in the graph.
2.3.1.3Sinusoidal Input

The transient response of the system can alsaudeedtunder the sinusoidal base
excitation. This kind of input well represents bympads. The sine input is given in

(2.29) whereY andw, denote the amplitude and the frequency of exonatespectively.

y(t)=Y siry t. (2.29)
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Figure 2-8: Peak value of mass acceleration versus peakiwa of the relative displacement when the

pulse duration is 50msec

To find the relative displacement and absolute lacagon, (2.29) should be substituted

in (2.4). The particular solution of the equati@fsnotion for such input is

X = “Y sin(wt- ¢ ), (2.30)
(2 - 0 )P+ (2002
and
2 1/ 2
a=-Ywu W, + (20 cosiy t q- @ |, (2.31)

(W -l ) (2m)?
where g =tan* (2aw, w;, /1w - ). The ratio of the maximum response amplitude \gersu

the amplitude of excitation is given by (2.8). Tioece transmitted to the mass from the
base can also be calculated by

F(t)=-mx. (2.32)
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By substituting (2.30) in (2.32), the force tranted ratio is,

2 1/2
Foope 20y (2.33)
Yw (1- r )+ (2xr)

n

As shown in Figure2-9, the peak values of force, transmitted to theessn have no
minimax with respect to the peak of the relativepthcement for the different damping
ratios and natural frequencies. However, the rgdatiisplacement has a maximum with
respect to the peak of the transmitted force. Thrimum peak values are represented by

the bold line.

1.8
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Relative Displacement ratio X-Y/Y
[
T

0.6 : b

0.4 .

0.2 1 1 1 1 1
0 1 2 3 4 5 6
Forcetransmissibility F/kY

Figure 2-9: Peak value of the relative displacement versymak value of the mass acceleration.

2.3.2 Forced Excitations
The same spring-mass-damper model can be uselefdorice excitation case, and (2.9)

is used to formulate the optimization criteria.
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2.3.2.1Unbalanced Force
The forcing in this case is written as

F=mey siniw, t. (2.34)

By substituting (2.34) in (2.9), the particular wodn for the normalized differential

equation is

X, (t)= Xsin(w, t- g ), (2.35)

where

x =Tb€ r (2.36)
M J(1- 1) (2ar)?

and

g=tan*2xr/1- r?, (2.37)

The ratios of the maximum force and displacemenplénde, with respect to the
frequency ratio, are given by (2.15) and (2.163pestively. In fact, (2.15) and (2.16) are
the same as (2.8) and (2.33) which states thairthalanced force excitation case has the
same optimization results as the base excitatiea wath the sinusoidal input. Therefore,
to avoid duplication, the results are not givereher
2.3.2.2Step Force

In this case, the displacement equation of theesyss derived by solving the
differential equation (2.9) for the step input ferd@he solution is

1 1 .
X(t)=—- ——=sin(wmJ: X+ g)e™". 2.38
(1) L ( q) (2.38)

The acceleration of the system is calculated bigdintiating (2.38) twice. Hence,

a(t)=-\/1_178in(l/1/m/1- Xt g)e™t. (2.39)
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It can be concluded from (2.38) and (2.39) thatdisplacement and acceleration have a
linear relationship, reflected in Figur2-10. Therefore, no minimax point can be

identified for this case.
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Figure 2-10: Peak value of mass acceleration versus peakiwe of displacement.

2.3.2.3Pulse Force
To find the optimum curves for the pulse input, §ane procedure as that of the

pulse input in the base excitation case is follow8dnilar to the base excitation
optimization, the pulse duration is set at ri8ecagain. The equations of the system,
when the time is less than B@secare the same as (2.38) and (2.39). The new $ets o
equations should be derived and the initial coaddifrom the positive step should be
considered as well. For the negative input, thpldcement equation is derived as

K= G g, (2.40)

n
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where
g=tan*(xw, /v ). (2.41)
The acceleration equation is also obtained by tpkime second derivative of the

displacement equation in (2.40). Therefore,

a(t)=- Wi+ V5 sin(w, t g ). (2.42)

Figure2-11 illustrates the trade off between the peakléndes of the acceleration and
the displacement. From the graphs for each damyaitig, there is a natural frequency
which creates the maximum peak of the accelerationgeneral, this frequency is

approximately 7 to 16iz. The line of maxima is represented by the bold.lin

fn =10
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Figure 2-11: Peak value of the mass acceleration versustpeak value of the relative displacement.
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2.4 Summary
In this chapter, the time and frequency optimizatiaf a passive mount is

discussed for base excitation and force excitafldve peak of the absolute acceleration
and the peak value of displacement are choseneagptiimization parameters. The base
excitation and force excitation are studied sepfyatAlthough, a comparison of the
optimization results for the time and frequencyesamay not be appropriate, it does
indicate that the optimal mount parameters fordheggproaches are not an exact match.
Hence, it is concluded that no passive mount igjaake to deal with all application
specifications and isolation criteria. Althoughe ttiesign of a passive isolator based on
the RMS method might not be satisfactory for all esastypically its application
compared to the time optimization results, is resmnded. Furthermore, this
recommendation is supported by realizing that thESRnethod can also be considered as
an averaging method.

For the engine mounts and bushings which are ysdakigned for general isolating
applications, a time optimization is not recommehdbecause of inconsistency in the
suggested optimum parameters. To design passivamprs in engine mounts, as
indicated in Sectior2.2, the RMS method can be utilized successfullys Thethod can
be combined with the appropriate weighting factorghe worst cases or the usual ones.
To overcome the shortcomings of the RMS method, @d gmontrol strategy can be

developed according to the time response optinozagsults.
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Chapter 3:Conventional Hydraulic Bushings

In the previous chapter, the optimization of th#fretss and damping parameters
for a passive elastomer (rubber) isolator is disedsFinding optimum parameters is vital
for designing an engine mount and bushing, sinkceoals of engine isolators (rubber or
hydraulic) have passive elastomeric componentuppat static loads. In this chapter,
the structure, components, and dynamic characterisif a conventional hydraulic

bushing are investigated.

3.1 Mathematical Modeling

A hydraulic bushing is a more developed versiorth& old rubber elastomer
engine isolator. Hydraulic bushings and mounts am@ely used in the automobile
industry to isolate the engine and the chassisatigis. The simplicity, low cost and dual
frequency response of such bushings justify thedustrial popularity. Moreover, the
utilization of hydraulic bushings in low cost veleis enhances the ride comfort.

The components of a common hydraulic bushing aserdeed in section 1.3. it is
also explained that the rubber stiffness and daghare selected passively to support the
engine static load. When a hydraulic bushing sysgesubjected to a disturbance (from
the engine or base), the extra mechanical loadesatise fluid pressure inside the
pumping chamber to rise. Consequently, the incceasessure in the pumping chamber
results in the expansion of this chamber. In additio this, some of the fluid in the

pumping chamber is pumped to the compliance chanBance the fluid moves through
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the inertia track, there is some loss of energy wuthe friction, and, as a result, the
mechanical energy dissipates gradually.

A simple lumped model of a hydraulic bushing, sanito the Cooper Standard
bushing model 90576090 in FiguBel, is illustrated in Figur8-2. Herem is the engine
unbalance mass, e is the equivalent eccentricitth@funbalanceyy, is the engine or
driving frequencyA, is the effective pumping area of the bushiAgis the inertia track

cross-sectional ared;; is the pumping chamber compliandg; is the secondary

compliance chamber, afd andB; are the rubber stiffness and damping, respectively

Compliance : Compliance
Chamber (C,) Chamber (Cs)
Inertia
Track
Pumping
Chamber (Cy)

Figure 3-1: Photograph of the hydraulic Cooper Standard bshing P/N 90575028
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Figure 3-2: Lumped model of a hydraulic bushing

In the proposed lumped model, the damping andhssE of the rubber entails a
physical spring and damper. The internal hydrapéids of the bushing are modeled as
two cylinders with two accumulators, connected he upper and lower cylinders,
representing the pumping and second chamber camspba The cylinders are connected

to each other by a pipe that acts as an inerit&.tfehe bushing continuity conditions are

written as

CR=AX- Q, (3.1)
C,h=Q, (3.2)
and

R-B=1Q+ RQ, (3.3)
where
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2
R=—%.,C,=—", Cz=%,li =—,andQ = Ax.
2

b

A
It should be mentioned here that for simplicitye flow through the inertia track

is assumed to be laminar. It is also assumed fleabtishing stiffness and damping are
linear. One way of solving the three coupled linddferential equations is to convert

them to the Laplace domain and solve the resultingge algebraic equations,

respectively, as follows:

B A SX(s)

Qs )= C(1S°+RS+ C” (3.4)
_AX(s)(1G S+ RG 81

A(s)= CC,(1S+ RS- C) (3-5)

and

p(s)= X (3.6)

CC,(LS+ RS C
The net force transmitted to the base is
Fr =K. X+BX+AP. (3.7

substituting (3.5) in(3.7) ,

_ A 15°+Rs+1/G .
FT(S)_(Kr+BS+Cl FReLIGIIG )X (s, (3.8)

Thus, the dynamic stiffness equation becomes

Kdn:FT(S):Kr+Brs+§ Is"+Rs+1/G . (3.9)
X(s) C 1€+ Rs1/C+1 /G
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In a typical hydraulic bushing, the rubber dampisigoo small, and affects the
high frequency response of the hydraulic bushingeré&fore, since only the frequency
region between 1-208z is studied in this thesis, it is advantageougtwie the rubber
damping in the dynamic stiffness equations. Eq)(Bodveys that the hydraulic bushing

consists of two springs. One of the springs, thden passive stiffnes§ , has a constant

stiffness. The other spring, the hydraulic termaifrequency dependent spring. In the

hydraulic part of the equation and at low frequescis® 0), the stiffness is
approximatel;Aﬁ / C,, and at high frequencies® ¥ ), the stiffness approachA%/Cl.

SinceC;<<C,;, the low frequency response of the hydraulic terr(8.9) results in a soft
spring, whereas the high frequency regions exhiBtiffer spring. According to (3.9), the

switch between the soft and stiff regions occurs at

w, J1/1C, (3.10)

and

w, JUI1C,. (3.11)

In other words, the hydraulic bushing is a softirgpitony,, passes a transient

response at frequencies between- 1, , and finally, avy,, is a hard bushing.

3.2 Experimental Verification

An experimental test bed is developed to verifyrtteghematical modeling and to
study the effect of each parameter variation orhgygraulic bushing’s dynamic stiffness
response. A magnetic shaker was used to validaten#dthematical model on the existing

Cooper Standard bushing. To change the bushirgmeers such as the inertia track
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size and resistance, the rubber component of thleifgiis removed from its cast bracket
and a new aluminum bracket is designed and faledc& enable full control of the
parameter variations. A schematic view of the bugland its new bracket is in Figure
3-3 and Figure3-4. In this setup, the original inertia track bétbushing is blocked from
the inside. Pumping chambe€y is connected to the compliance cham@eiby a long
narrow hose that behaves as an external inertik trathe bushing. In addition, a manual
flow control valve is placed on the external ireertrack to render its resistance
controllable. A manifold is fabricated to distributhe fluid flow from the pumping
chamber to the compliance chamber, Furthermorereéate an additional compliance
chamber to study the effects of changing the campég, the canal between chambesrs C
and G is blocked from the inside. Since, in practicearabers @ and G are considered
as a lumped compliance, this change does not @leermathematical model and the

general form of the solution.

Figure 3-3: Bushing preparation for the experiment

46



Additional Ports for Pressure Measurement
Compliance Chamber 2
Compliance Chamber 3
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Figure 3-4: Bushing assembly and the schematic view of tlehambers connections

Then, the new bracket is then installed on the ehak rod passing through the
bushing’s center hole is used to connect the bgdoia load cell for measuring the force
transmitted from the shaker to the fixed frame.&;léne shaker acts as the engine and the
fixed frame represents the chassis frame. The foaresmitted through the mount is
measured by a Sensotec Model 41, 1000 Ib precisioogke load cell. The displacement
of the bushing, with respect to the fixed framemsasured by a string potentiometer
SpaceAge Control, Model 173. A pressure transducerpdel PX4000C6,
OMEGADYNE, is adopted to trace the pressure vamaiiside the chambers. To carry
out the experiment, a sweep sine input is applieth¢ bushing through the magnetic
shaker. An LDS V722 shaker is used to generatevitirations, which is controlled by
the acceleration feedback via the Dactron SpectkBand Dactron Shaker Control
software. The shaker is capable of delivering 884 of acceleration from 5 to 4000

Hz. Dytran accelerometers, Model 3145AG LIVM, areoalsed as a feedback signal
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generator to the shaker controller. Figd® and Figure3-6 relay the details of the

experimental setup.

T

Spectrabook N
e Amplifier
mf‘ti‘f"i“ftit*’

* * Frame
Load cell
Bushing
Shaker

4 =
Workstation

Figure 3-5: Experimental test bed with the data acquisitia unit
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Figure 3-6: Dynamic stiffness fixture and bushing mountean the LDS V722 shaker

The experimental dynamic stiffness response ofbtiehing is plotted in Figure
3-7 and Figure-8. The shape of the dynamic stiffness experinheasalts suggests that
the hydraulic bushing is a second order systemlwbonfirms the mathematical model
in (3.9). The dynamic stiffness response begina asft isolator at frequencies below 6
Hz, the transient response takes place at frequebeegeen 6-1Hz, and finally the
bushing is regarded as a hard isolator for theufsagies above 18z

Investigating the phase response of the hydraulishing is another way to
validate (3.9). The dynamic stiffness equationasposed of two quadratic functions in
the numerator and denominator, respectively, eactesponding to a 180° phase shift.

The only difference is that the quadratic functiorthe numerator causes a positive 180°
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phase shift whereas the one in the denominatoegoonds to a negative 180° phase
shift. Since the notch frequency of the numeratdess than the one in the denominator,
it is expected that the positive phase shift hapgdest. However, if the second notch is
close enough to the first one, the 180° phase shifever completed. Thus, the positive
and negative phase shifts cancel out and a phase mucreated. The amplitude of the
phase shift at the bump depends on the dampingrfattthe quadratic functions. The

phase shift response in FiguBé confirms these statements.
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Figure 3-7: Dynamic stiffness response of the hydraulic kshing
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Figure 3-8: Phase change of the hydraulic bushing

3.3 System Identification

For the mathematical model of the bushing, a cisvéted to the experimental
data to find the coefficients of the dynamic s&f$s equation. For this purpose, the
Isgcurvefit function in Matlab® is used. This Matl&lnction solves nonlinear curve-
fitting (data-fitting) problems by the least-squamnethod; given input data, and the
measured output, the function finds the coeffigahat best fit the equation. Obviously,
an estimation of the initial value of the coeffitie is essential for a better system
identification. The length of the external inetttiack and the viscosity of the liquid inside
the bushing (water) determine a reasonable inv@dle of the inertia track size. The
dependency of the locations of the notch frequenarethe compliances of the chambers
is then used to estimate the initial values of ¢benpliances in the dynamic stiffness

equation. Figur8-9 illustrates the experimental curve and theditbne.

® Matlab is the registered trademark of MathWorlcs In
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Figure 3-9: Curve fitting the experimental data to identify the bushing parameters

It should be noted that the second peak in the mmastiffness curve (at
approximately 13 and 13.5 Hz) is the structuralration response. The peak occurs
because the frame which holds the bushing caset isgnd enough and begins to vibrate
in the frequency region in Figur&9. Since this disturbing response is constard, th
response’s transfer function is derived by a sinalave fitting method, and added to the
dynamic stiffness equation. This facilitates a carmgon between the experimental and

the simulation results. The values of the differemfficients in the dynamic stiffness in

(3.9) are tabulated in TabB1.

Table 3-1: Nominal hydraulic bushing parameter values

Symbol Value Unit
A 15.27 mm
B 0.1398 N-s/mm
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K, 195.14 N/mm

C1 3.8933 N/mm

C, 291.31 N/mm

I, 1.2497e-004 N-/mm’

R, 0.0022 N-s/mm

It is evident that the principal characteristic thie hydraulic bushing is its
dynamic stiffness curve which starts with a smalue at low frequencies and gradually
increases as the frequencies increase. Accordin@.7, the transmitted force has a
relation with the stiffness and damping of the ribbushing, as well as the pressure in
the pumping chamber. The stiffness and dampingebtshing are supposedly constants
and are designed passively. The only frequency rikpe part of the equation is the
pressure in the pumping chamber which from (3.13 fanction of the compliance and
the amount of the fluid accumulated in the chamBéhough the rubber compliance is
not a linear parameter, for very small deflectigdd mm), it is assumed to be constant.
As a result the dependency of the accumulated fluithe pumping chamber on the
frequency makes the pressure in that chamber didanof the frequency. Therefore, to
further investigate on the dependency of the pressn the excitation frequency, the
volumetric flow (the amount of fluid in the champdn the pumping chamber is
simulated.

For the lumped model in Figui®2 , the amount of fluid accumulating in the
pumping chamber is equal to the difference betwtenpumping rate and the fluid

volume moving to the compliance chamber. Since apliance of the compliance
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chamber is higher than that of the pumping chamiber,fluid tends to travel into the
compliance chambers. Although this is a fact inistsituations, it is not always correct
for frequency dependent problems. In fact, forfthel to accumulate in the compliance
chambers, it should move through the inertia tré&xpending on the size of the inertia
track and the compliance of the compliance chamlitetakes some time for the fluid to
move through the inertia track and accumulate & ¢bmpliance chambers. Thus, the
migration of the fluid to the compliance chambeais only occur for the excitations that
are happening slow enough (low frequencies) to gneefluid time to travel along the
inertia track, That is, for the excitations to hapgaster than the time constant (high
frequencies), the compliance chambers became atiee and as a result, all the
pressurized fluid accumulates in the pumping chambe

The application of these statements to the dynatiffoess response, it indicates
why the dual frequency response characteristicrgcdn reality, the high flexibility of
the compliance chambers causes the fluid to acatmuh them at low frequencies.
Consequently, the pressure in the pumping chamio@sdreducing the force transmitted
to the frame. Contrarily, at high frequencies, toenpliance chambers are ineffective.
Therefore, as the excitation frequency increasesptessure inside the pumping chamber
increases and the bushing becomes stiffer.

If the values in Tabl8-1 are substituted into (3.10), is 0.8 Hz. This frequency
defines the excitation frequency at which the coamgle chambers have the maximum
effect regarding the amount of the fluid in the gimg chamber, causing the pressure
drop in that chamber. Figu@10 plots the fluid accumulated in both the purgpamd

compliance chambers atHz Here, the net pumped fluid is representedQy The
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volume of the fluid accumulated in the pumping andpliance chambers @; andQ;,
respectively. Since it takes time for the complambhamber to fill with fluid, at the
beginning, most of the pumped fluid is pressuriethe pumping chamber. However, as
time goes on, the connection between the compliahaenber and pumping chamber is
established and only a small amount of the fluiduawulates in the pumping chamber.
From the simulations, it is observed that, at fteguency, the phase of the pumped fluid
is very close to the phase of the accumulated fluithe compliance chamber. Since the
pumping chamber pressure is reduced, it is expedbsgd at this frequency, the bushing

exhibits its lowest dynamic stiffness. The expentaéresults in Figur8-7 confirm this.
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Figure 3-10: Time response of the volumetric flow in theihear model of the hydraulic bushing at 1

Hz

As the frequency increases, the bushing behavi@dauglly changes. Figu11
represents the fluid volume in the different chareb&t 4Hz At this frequency, the

compliance chambers are still effective. Howevbera is not enough time for all the
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fluid to move through the inertia track, more fladcumulates in the pumping chamber.
This increase results an increase in the presswiglei the pumping chamber, and
consequently, an increase in the dynamic stiffresponse. It is noteworthy that the
excitation phase is progressively shifted toward gumping chamber’s accumulated

fluid.
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Figure 3-11: Time response of the volumetric flow in theihear model of the hydraulic bushing at 4

Hz

At 8 Hz, the fluid accumulated in the pumping chambereaases dramatically.

This frequency corresponds up,. Consequently, the pressure inside the pumping

chamber indicates a jump. Figu8el2 denotes the simulation results. The phaséeof t
pumped fluid and that of the accumulated fluidha pumping chamber are closer at this
frequency. It is remarkable that the amplitudetheffluid accumulated in the compliance
and pumping chambers, are higher than the amplab@itlee pumped fluid. This is due to

the phase difference between the accumulated fluithe pumping and compliance
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chambers. In other words, when the pumping charégins to expand, the compliance
chambers begin to retract. This causes more ftumctumulate in the pumping chamber
than the amount pumped to it. The same thing ocdureng the compliance chamber
expansion, causing the amount of the accumulatrdi ifh that chamber to increase even

more than the pumped fluid.
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Figure 3-12: Time response of the volumetric flow in theihear model of the hydraulic bushing at 8

Hz

Figure 3-13 reflects the simulation results at 15 Hz. Aghhfrequencies, as
predicted, the compliance chambers become ineffecill of the pumped fluid is
accumulates in the pumping chamber. Thus, the pressside the pumping chamber is

changed only linearly by the excitation frequency.

57



2500

2000+

1500 | . , ,
1000 - b J

500 r ‘\ ,( I ! d I

soor | vy | |

Volumetric flow (mnt/s)
)

-1000} | L | " | -

-1500

-2000 | | | |
0 0.1 0.2 0.3 0.4 05

Time (s)

Figure 3-13: Time response of the volumetric flow in theihear model of the hydraulic bushing at 15
Hz
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Figure 3-14: Frequency response of the volumetric flow ithe linear model of the hydraulic bushing

Figure 3-14 portrays the frequency response of the volumdlow in the

pumping and compliance chambers. At low frequenaiesst of the pumped fluid is
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moving to the compliance chambers. Gradually, duéhé frequency increase and the
phase difference, both the pumping and compliaheenbers contribute to the amount of
accumulated fluid of the other chamber; That issheahamber is an additional fluid

source for the other. &z is the resonance frequency of the combination haf t

compliances and the inertia track. Beyond thisdegwy, due to the high excitation speed
(high frequency), the inertia track loses its dffeamess. Thus, all the pumped fluid
accumulates in the pumping chamber. The pressesudncy responses of both the
pumping and compliance chambers are displayedgaré€B-15. The dependency of the
pressure on the volumetric flow can be observeddiypparing Figure3-14 to Figure

3-15.
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Figure 3-15: Frequency response of the pressure in the &éar model of the hydraulic bushing
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3.4 Summary
The structure and components of conventional hydraaushings are now

identified to facilitate the development of a neimple mathematical model. This model
is proposed based on the behavior of the hydraulshing components (for instance; the
compliance chamber expansion and inertia track ggnelissipation) and structural

relations. After Experimental validation of thedar model, various coefficient of the

model are evaluated by curve fitting.
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Chapter 4: Inertia Track Effect

As explained in the previous chapter, the inen#k is one of the parameters
which define the soft and stiff frequency regiortlod hydraulic bushing according to the
mathematical model developed in this thesis. Ia thiapter the effect of the inertia track
on the dynamic stiffness response is discussedngaie way to find a solution to the
VDE isolation problem. From the various parameteéhg inertia track is selected.
Compared to the rubber compliance, effective pumpirea and other effective factors in
the dynamic stiffness equation, the inertia trackhe easiest parameter to control, and is

also based on the purposed mathematical modehdise effective one.

4.1 Inertia Track Resistance Effect

The energy dissipative parts (resistors) in medamibrating systems behave as
dampers in the simulations. In hydraulic bushirtps, energy dissipation occurs in the
inertia track. According to (3.9), inertia traclsiantR appears as the coefficient of “s”.
According to the quadratic function frequency resas, the effect of the inertia track
resistance on the peak location is negligible. H@resimilar to the quadratic function
frequency responses, the inertia track resistaptermines the amplitude of the peaks at

the resonances.
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Figure 4-1: Effect of the inertia track resistance on thezolumetric flow frequency response

The effect of the resistance on the dynamic st#nean be stated differently. It is
noted that the resistance of the inertia trackas mgh enough to block the track or
obstruct the fluid passing through it at low fregcies and in the presence of an inertia
track resistance, the fluid has enough time andggnéo travel between the two
chambers. Moreover, the volume of the fluid trawglimetween the pumping and the
compliance chamber is not high enough for the imdrack to exhibit a major effect.
Nevertheless, at the resonance frequency é&fz8the volume of the fluid moveing
through the inertia track increases considerabl/aiesult, the resistance demonstrates
its effect. One interpretation of the effect ofre@sing the resistance in the inertia track is
the increased pressure inside the pumping chantb@mnever, this interpretation is
incorrect, since much of the flow to the pumpinguciber at the resonance frequencies

(which is the frequency that the resistance is neff&ctive) is from the compliance
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chambers. As a result, the high resistance redheeamount of fluid traveling from the
compliance chamber to the pumping chamber. Thug,iabserved in Figurd-2, the

pressure drops in the pumping chamberldz8y increasing the inertia track resistance.
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Figure 4-2: Effect of the inertia track resistance on thgressure frequency response

The dynamic stiffness simulation results for thiéedent inertia track resistances,
atR, = 0.0022 and 0.0025, are denoted in Figi4eand Figurel-4. Also, the structural
vibration response is included in this simulatiés. it is expected, the higher resistance
results in lower peaks in the dynamic stiffnessreuil herefore, controlling the resistance
of the inertia track does helps to change the dagnand avoid the high amplitude peaks

at the resonance frequencies.

63



340

320 R=0.0022
~ =~ R=0.0025

300

280

260

Dyanamic Stiffness [N/mm]
N
D
o

[ |
10 15 20
Frequency (Hz)

Figure 4-3: Dynamic stiffness frequency response amplitudier different inertia track resistances
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Figure 4-4: Dynamic stiffness frequency response phase fdifferent inertia track resistances
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To investigate the effect of the resistance onbilghing response, an experiment
is also performed. For changing the resistancehefinertia track, a butterfly valve is
placed on the external inertia track. In the fiesperiment, the valve is fully open.
Therefore, the inertia track demonstrates minimwesistance, and a high peak is
expected in the response at the notch frequendjelmext experiment, the valve is half
open. This matches the simulation results, when.®625. As a result, a lower peak is
observed at the notch frequencies of the bushimg results of the experiment are

exhibited in Figuret-5 and Figurel-6 .
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Figure 4-5: Dynamic stiffness frequency response amplitudier different inertia track resistances

(experiment)
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Figure 4-6: Dynamic stiffness frequency response phase fdifferent inertia track resistances
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4.2 Inertia Track Size Effect

To study the effect of the inertia track size oe ttynamic stiffness response,

(3.10) and (3.11) are the two relations that shda@dnvestigated. From these equations,
it is evident that the notch frequencies are prixpoal toJU_IZ. Thus, the inertia track
can shift the notch frequencies to the left or tigh addition, the damping ratio of the
system is proportional 19. As a result, any change of the inertia track szeflected on

the actual damping of the isolator.

Figure 4-7 illustrates the flow volume in the pumping aampliance chambers
for two different cases. The solid curve is basedttte values of Tabl8-1, and the
dashed curves belong to the same bushing withgarlamertia track. It can be seen from

the simulations that the larger inertia track caube peak of the flow volume to shift to
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the left. This occurs because, in a long inerigaky it takes more time for the fluid to
reach the compliance chamber than for a shortingeck. As a result, the response time
increases. In other words, and the track can leetefe only at slower excitations (lower
frequencies). Moreover, the longer inertia trackileix$ a higher resistance to the fluid
which passes through it. Thus, as expected, therlogsonance peaks in the volumetric

curves belong to the longer inertia track.
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Figure 4-7: Effect of the inertia track size on the volumgric flow frequency response

The relation between the fluid volume accumulatedhe chambers and their
pressures is discussed in details in the previbapter. Based on this knowledge, it can
be concluded that any shift in the resonance frecjae of the transferred fluid volume in
the chambers is reflected by the pressure curveiscansequently, the dynamic stiffness
response of the bushing. Figufe8 plots the pressure curves in the pumping and

compliance chambers. The dash lines denote theih@ntya track simulation results, and
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the solid curves represent the short inertia tizade. As expected, the peak frequency in
the long inertia track case moves to the left, gneament with the volumetric flow

curves.
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Figure 4-8: Effect of the inertia track size on the presse frequency response

Figure 4-9 and Figure4-10 exhibit the simulation results of the effedttoe
inertia size on the dynamic stiffness response. fireesimulation is conducted with the
values obtained from the curve fitting and systdentification (solid curves). According
to Table3-1, the inertia track size of the bushing is 1Z2#9N-s/mn. The notch
frequencies of the dynamic stiffness simulationthe whole system (not the hydraulic
part alone) are 6 andHz Increasing the inertia track size to 2.7828&smnr should
shift the notch frequencies to the left. Based lb@ mathematical model, the notch

frequencies of the new system should now occuraetd?6Hz.
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To perform the experiment and investigate the eféédhe inertia track on the
dynamic stiffness response, the original extemnaitia track is replaced by a longer one.
The sweep sine excitation is used in the experispeantd the results are signified in
Figure4-11 and Figurd-12.

The experimental results show that the notch freqges of the longer inertia
track are moved to lower frequencies. Althoughfitst notch frequency location can not
be identified in this experiment (The shaker cahwork for frequencies below 5 Hz),
the trend of the curve suggests that it moved &l¢ft. The second notch frequency
location obviously shifts from Bizto 6 Hz

It should be noted that in addition to the shifttihe notch frequencies, a lower
peak amplitude can be identified in the dynamitfre&ss response of the bushing with
the longer inertia track. The peak of the long tiaetrack occurs at 308/mmwhereas

the short inertia track peak value is 3&0nm
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Figure 4-11: Dynamic stiffness frequency response amplitedfor different inertia track sizes

(experiment)
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The phase frequency response can also be usedidateahe inertia track size
effect on the hydraulic bushing response. The bumihe phase response, due to the
phase cancellation of the numerator and denomimat(®.9), moves to the left in Figure
4-11. It means that the notch frequency locatiorvesao the left. The increase in the
damping coefficient can also be interpreted from blump amplitude. It can be easily
proved that for the quadratic function phase cdateh in the numerator and
denominator below 90°, the higher damping corredpda the lower bumps in the phase

response.
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Figure 4-12: Dynamic stiffness frequency response phase fdifferent inertia track sizes

(experiment)

In practice, changing the inertia track size isiedd by different methods. The
easiest solution might be to use different indragks in the bushing and control them by

on/off solenoid valves.
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4.3 VDE Isolation Problem Solution

As stated in Chapter 1, an ideal isolator for ti@BEVisolation problem should be
half as stiff in the operating frequency rangehaf tylinder deactivation mode. Yet in the
normal mode the ideal isolator must have a perfagaaimilar to that of conventional
hydraulic bushings. The challenge is to devise stesy which can produce a curve
similar to that in Figurel-13; that is, the notch frequencies are shiftethéoright in the
engine deactivation mode (solid line) whereas thmes dynamic performance of the
conventional hydraulic bushings (dash line) is eresd. Such a system requires
switching between the existing rubber part and #esanaterial or some sort of
adjustment in the effective pumping area of the gy chamber. Also, it might be
possible to achieve such a curve by switching ¢ivaing a more compliant material
with the existing pumping chamber compliance indiiinder deactivation mode. All of
these solutions are not applicable since they mwast, require design changes and may
not even be feasible.

Regarding the mathematical model and experimentamic stiffness results, it
is evident that the hydraulic bushing curves shaofaregion at low frequencies, which
gradually turns into a hard region at higher fregues. Since the low and high dynamic
stiffness values are functions 6% and C,, the difference between the soft and hard
bushings level of amplitude can be adjusted by pprapriate selection of the
compliances of those chambers. Consequently, rehiftie notch frequencies to the right
for the cylinder deactivation mode is a solutionth@ VDE isolation problem. The

preliminary simulation and the experimental datggast that shifting the notch
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frequencies to the right is achieved by a smatlertia track size. In fact, by reducing the

size of the inertia track, the compliance chambactsve frequency range increases.

Bode Diagram
350 T
***** hard bushing controll at 11 Hz
L " soft bushing
300 ] N 7
8 I \\
& 250 - N N i
| ~
2 i e i ———]
a 1
‘€ 200 - ! 7
[o)) |
[+ 1
= )
150 ——— _ i
100 1 Il 1 Ll
60
—~ /\\
(=) Iy
Iy
S /
o 301 | ‘\ -
[%2] 1
© ;!
ey |
o 1 .
// \ y, \
/ \
- \ ) / \
[ SN i e e e e |
10" 10° 10" 10° 10° 10

Frequency (Hz)

Figure 4-13: Ideal VDE isolator dynamic performance

The schematic view in Figu-14 and Figurel-15 illustrates the experimental
test bed which is specifically built to prove thencept of the solution proposed in this
thesis for the VDE isolation problem. To achieve #hort inertia track requirement, an
external compliance chamber is designed. Similéineéanternal compliance chambers of
the hydraulic bushing, this new compliance chantitaera rubber diaphragm on the side.
As a result, the pressurized water can change ¢theane of this external compliance
chamber. To minimize the size of the inertia trattle chamber is designed narrow
(1=7.2158€°% N-s/mn? which is 17 times smaller than the actual inentick). This
compliance chamber is then attached to the buskingng hose is used to connect the
internal compliance chambers of the hydraulic bughio the pumping chamber. The

only problem with this experimental setup is thla¢ tshort inertia track needs to be

73



blocked to obtain the dynamic stiffness curve fog stiff bushing (the normal bushing
dynamic performance). The short inertia track iasithe bushing aluminum block
prevents the use of a valve for this purpose. Assalt, an aluminum cap is fabricated to
disable the rubber diaphragm, rendering the simentia track inactive. The location of

the cap on the manifold is shown in Figdré&6.

~.
AT\

Figure 4-14: Short inertia track proof of the concept schmatic view

The dynamic stiffness curves of the VDE are ploiteéigure4-17. The dashed
line curve is the dynamic stiffness curve of theakbushing (the rubber diaphragm is
blocked). In this case, the notch frequencies oetd to 8Hz The solid line in Figure
4-17 represents the dynamic stiffness of the sgghimg (the rubber diaphragm is active).
In fact, the notch frequencies of this new setigmoved from 5 and Bz to 37 to 43

Hz Thus, the hydraulic bushing remains soft for dexifrequency range.
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External Compliance Manifold External Inertia Track
to the Bushing Compliances

Figure 4-15: Experimental setup for the VDE isolation proé of concept

/|

Bushing Case Blocker for Closing Pressure Transducer
the Short Inertia Track

Figure 4-16: Blocking the short inertia track

In practice, this method can be easily implemenigdiwo simple steps, on the

existing hydraulic bushing. The first step is todi the short track that connects the two
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compliance chambers on top. As a result, the iatanertia track is connected to only
one of the chambers and the other chamber is ddablow, to satisfy the short inertia
track requirement, a shortcut from the pumping diemto the disabled compliance
chamber is provided. The opening and closing & shiort track is easily controlled by a
solenoid valve. it can be activated or deactivdigdeceiving a signal from the engine,
when it switches to the VDE mode. The long inettéeck inside the bushing, which is

always open, generates the normal dynamic perfaenahthe hydraulic bushing.
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Figure 4-17: Dynamic stiffness results of the DOD isolatioexperiments
4.4 Summary

In this chapter, the effect of the inertia trackiseance on the dynamic stiffness is
first predicted by the mathematical model, devetbipethe previous chapter and verified
experimentally. Then, the effect of the inertiackrasize on the dynamic stiffness is

studied. It is proved, numerically and experimdgiahat the frequency response of the
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hydraulic bushings can be altered by controlling thertia track coefficients. The

experimental results prove that the VDE isolatioobtem requirements are achieved by
adding a short inertia track to the existing hytlcabushing system, and the internal
inertia track is still kept open for the normal ergoperations. The frequency range of
the soft bushing can be adjusted by designing pgorimertia track size. Indeed, it can be

activated or deactivated by a solenoid valve.
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Chapter 5: Semi-Active MR Bushing

In the previous chapter, the effect of the inettéeck on the hydraulic bushing
dynamic stiffness response was discussed. The dgnmgmefficient is controlled by
placing a butterfly valve on the external inertrtack, and the notch frequencies are
located by changing the size of the inertia trathe experimental results indicate a
significant shift in the notch frequencies to thé by introducing a short inertia track. It
iIs concluded that the VDE isolation requirementa b achieved with some minor
changes in the design of the existing hydraulihing

The only problem with utilizing the short inertiack is its low damping force. In
reality, there are frequencies at which high dampsiessential (such as the engine’s
natural frequency). The low damping characterigtithe short inertia track can be well
observed by looking at the phase response in Figdré. In fact, the amplitude of the
phase response at the notch frequencies exhihitghar peak. In reality, the short inertia
track alone can not apply much resistance to thie flow. As a result, an additional
system is needed to obtain the damping requireméntis chapter, the design of an
MR valve is explained. This valve is eventually usedan attachment to the external
compliance chamber, designed in the previous chagateeliminate the inefficient low

damping.
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5.1 MR Fluid Behavior and Modeling (Background)

MR fluids are micronized size solid particles susfgehin a fluid. Applying a
magnetic field aligns the particles in the fieldedtion and enhances of the shear stress.

This property can be well utilized in isolatorsctantrol the damping.

Most of the devices that use MR fluid have eitheredixmagnetic poles or
moveable magnetic poles (there is a third modedatueeze-film). The fixed magnetic
pole devices are classified under the pressuresnrilow mode, whereas the movable
magnet cases are categorized as a shear modeeimevalves, dampers, and shock
absorbers are examples of the flow mode class tt@dhear mode includes clutches,

brakes, and locking devices.

Figure 5-1: pressure driven flow mode (a), direct-shear nite (b) (photo from the Lord Corporation)

In this thesis, only the flow mode is used. Thespuee drop in the flow mode is the sum

of viscous componerDP, and field dependent compon®# , and is expressed by

A2nQL oL

DP =DP +[P
70w g

(5.1)

whereL,g, andw are the length, gap ,and width of the flow ch&n@es the volumetric

flow rate, is the fluid viscosity with no applied field, anglis the yield stress developed
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in response to an applied field. Parameter ¢ haslwe ranging from 2 foDP. / DR <1
and 3 forDP. / DR >100.
The MR fluid used is formulation developed by Gehdvltors Corporation, and

referred to as 13MAG098. The approximate magnetapgrties of this fluid are

summarized in FigurB-2 and Tablé-1.
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Figure 5-2: Magnetic properties of GM Corp. formulated MR Fluid 13MAG098.

Table 5-1: Properties of GM Corp. formulated MRF 13MAG098

Fluid Value
Parameter
Percent Solids 30 %
(by volume)
m 0.173 Pax:
r, 2910 kg/ nt

80



5.2 MR Chamber

There are various methods for applying resistaocthé fluid motion. At first
glance, adopting a proportional valve seems to wkddwever, due to the small size of
the inertia track, placing a proportional valvegkely affects the frequency shift which is
produced initially by the short track. In other wsy the level of the opening of the
proportional valve drastically changes the sizéhefshort inertia track.

The required damping for this semi-active hydraddieshing is achieved by
incorporating the MR fluid in the hydraulic bushinhen, an MR valve can be adopted
to control the semi-active bushing damping. Thedgibing about the MR valve is that, it
changes the damping of the system with a minimuwtation of the dynamic response of
the original system. An MR valve creates dampingchgnging the shear stress of the
MR fluid. This process is accomplished by alignihg suspended iron particles in the
fluid. As a result, in the inertia track size, nasfehe key factors that participate such as
viscosity and the dimensions of the track are adter~or the MR valves, the best
performance is obtained when the iron particlegnatient take place in a direction
perpendicular to the flow direction. This is th&émhte goal of designing such valves.

Although MR fluid is a suitable material to creatariable damping, economic
concerns have restricted its usage, especialljenatitomotive industry where a semi-
active engine mount/bushing should not exceed $@@e (liter of MR fluid is
approximately $1,000 US). To overcome this, an wative MR compliance chamber is
purposed. The idea is to minimize the amount of MiRifrequired in the conventional

bushing. To do so, the MR valve, which is the ardynponent that needs the MR fluid, is
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separated from the rest of the hydraulic operatmgponents by a rubber diaphragm. A
schematic view of the MR compliance chamber is showFigure5-3.

The MR compliance chamber is shown in Figb#4. In this design the MR valve
system is separated from the rest of the hydrdnughing. This chamber operates due to
the fact that the interconnections among the differcomponents in the hydraulic
bushing take place because of the fluid pressuoey, Nf the pressure is transmitted by
other means than the use of a fluid as an agdfdreht parts can be separated and then
filled with different fluid. This works in this apipation, because the MR valve is the
only component in the entire system that dependsi@rfluid for operation. To transfer
the pressure to the MR valve, a flexible diaphragmsed. It behaves as a separator, and

forces the MR fluid to travel through the MR valveband fourth.

4\_
— \

Figure 5-3: MR compliance chamber schematic view

In practice, the pressurized water from the pumgingmber accumulates in the
pressurized water chamber (a small inertia trackneots the pumping chamber to this

chamber). This pressure excites the separatindgndigm which then acts as a pump. The
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excitations are then transmitted to the MR fluid athis kept inside the MR chamber and
separated from the pressurized water chamber byidghragm. As a result, the MR
fluid moves back and fourth in the MR track. Theesthubber diaphragm at the end of
the MR chamber, forces the MR fluid to flow throudhe tMR valve, due to the
diaphragm’s volumetric extensions and contractiosisjilar to that of a common

compliance chamber’s behavior.

el

e S

Figure 5-4: MR chamber different components

To produce the required controllable magnetic fieldolenoid coil is used. Here,
the magnetic field density can be adjusted by vayryhe applied current. Two soft iron
manufactured shoes are connected to the core cfollkeeoid coil to close the magnetic
field and concentrate the intensity of the magnféic on the MR track. To direct the
magnetic field perpendicular to the MR fluid flowelttion, the gap between the arms is

designed as a circle to enclose the MR track. An aare is placed inside the MR track
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to direct the field perpendicular to the flow ditiea. The solenoid coil and a schematic
view of the MR valve are apparent in Fig&&.

In addition, a FEMLAB simulation is performed torig the direction of the
magnetic filed to the MR flow direction. The simtiben results are depicted in Figure
5-6. In this model the MR flow is normal to the frguplane. The magnetic flow
streamlines enter the iron core and leave it radialch is ideal for maximizing the

damping force.

Y

Iron

X ¥

Figure 5-5: Adjustable magnet device (left) and the schertia view of the field direction in the MR

inertia track (right)
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Figure 5-6: FEMLAB simulation of the MR track magnetic field

Similar to the schematic view of the hydraulic baghin the Chapter 3, a
schematic model of the MR semi-active hydraulic lmghs produced as shown in
Figure5-8. This model is used to offer a better undeditey of the physical system to

derive the required equations. Most of the compananthis model are the same as the
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one described in Secti8rl. More components are added to represent the Mipl@nce
chamber. In Figuré-7, the separating diaphragm is modeled by comgdi&,. The
pressure in the pressurized water chamber andeitMiR chamber before and after the
MR valve are denoted biy,, P; and P, respectivelyAyr corresponds to the MR track
cross-section area. Similar to the separating dagwh, the rubber diaphragm covering

the MR chamber is modeled by compliai@e

Figure 5-7: Schematic view of the semi-active bushing

Based on the schematic model in Figb+®, the governing equations of the new system

are
C,R=AX-Q, (5.2)
C,(R- R)=Q, (5.3)
R-R=1Q+RQ, (5.4)
C.P,=Q, (5.5)
and
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Ps' I:)4: IMRQi+ RMRQl :

(5.6)

Some of these differential equations are simitartitose of the conventional

hydraulic bushing. That is because the main featofethe hydraulic bushing system,

such as the pumping chamber and short inertia taaekhe same as those in the semi-

active and hydraulic systems. Equations (5.2) t6)(&re solved by using the Laplace

transform. The final results are summarized as

_ A, Is’+Rs+1/C +1/C

' C,I1s?+Rs+1/G+1/G +1/G’

_A IMR52+RMRS+1/C2+1/Q

? C,Is?+Rs+1/G+1/C +1/G’

_AP IMRSZ+RMRS+1/Q

° C,Is?+Rs+1/GC+1/C +1/G’

and

A 1

p

P, = :
* CC,Is?+Rs+1/G+1/C +1/G

where
I =1, +l s
and

R=R+ Ry

(5.7)

(5.8)

(5.9)

(5.10)

In the experimental test setup illustrated in Feg&¥8, the rubber bushing is

inside the aluminum case, and the internal ineri@&k is blocked by silicon. The

compliance chamber in the previous chapter is heed again to connects the pumping

chamber to the MR chamber via the short inertisktrdbe compliant diaphragm of the

compliance chamber acts as a separating flexilalghdagm. The pressurized water from
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the pumping chamber activates the separating dagphrcausing the MR fluid to move
through the MR track. Various sensors are involvethis test setup to measure different
important variables. A Sensotec Model 41, 1000 #xigion pancake load cell is used to
measure the transmitted force by the hydraulic imgshFor the displacement, a
SpaceAge Control, string potentiometer, Model 1g&mployed. Three OMEGADYNE
pressure transducers model PX4000C6 are utilizednomitor the pressure at key

locations in the semi-active bushing assembly.

/

P, < / P,

Figure 5-8: Semi-Active bushing test bed

In the experiments, a flexible thin rubber is stdd for the separating diaphragm
and for the rubber diaphragm in the MR chamber,va dompliant material is chosen.
Therefore, the compliance of the separating diaphr&@an be neglected; that is, the
separating diaphragm is not applying much resistdn¢he expansions and contractions.

Practically this means th& andP; should be identical. Moreover, the length of the MR
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track is longer than the short inertia track, sitibe MR should be made thinner and
longer to increase the resistance. As a re8yltand P, should have similar pressure
transmissibility curves, as illustrated in Figiyeé. The experimental results show that
the first notch occurs at 44z this is the natural frequency of the numeratof5ir7) and

(5.8) which, approximately, is

w, =1/ IC,

As it was discussed in Secti8rll, after this frequency the bushing passes tiroug
a transient phase from a soft to a stiff isolaf@mcording to the experimental results, this
transition is completed at 4Hz This frequency is the natural frequency of the

denominator in (5.7) and (5.8) which, approximatedy

Wi :m

From (5.7) and (5.8), the low and high pressuiggores are approximated by
Ap/Cz and A/C, , respectively.

Similar to the second order transfer functions, flequency response phase shift
is 180°. Contrarily, if the second order transfendtion is in the denominator, a -180°
phase shift is expected. In (5.7) and (5.8), theos& order terms exist in both the
numerator and denominator. Therefore, since theratoh frequencies are close, the
180° and -180° phase shift can not be completechs€ently, a phase bump is
expected. In fact, the phase rises to 180° butaceled by the negative phase shift
produced by the second order transfer functioméndenominator. The phase shift of the
pressure transmissibility is depicted in Fig6r8, and proves the validity of the pressure

equations in (5.7) and (5.8).
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Figure 5-9: Pressure response of the pumping and the pres&zed water chambers

The pressure response curve inside the MR complishambeiP, is different
than that ofP; andP,, because, (5.10) is not similar to (5.7) to (56&)cording to (5.10),
the pressure should drop at the denominator nattuéncy. In addition, the phase
response should exhibit only a -180° shift. The NWamber frequency response is
presented in Figurg-10. Despite what anticipated by (5.10), the presphase response
demonstrates a -150° phase shift. Moreover, althtluglpressure amplitude drops at the
beginning, it starts increasing again at#®which contradicts the anticipated response.

These contradictions can be explained by investigahe vibration of the MR
compliance chamber. To measure that, an acceleeom®tattached to compliance
chamber. The phase difference between the MR chamabdr the bushing case
acceleration is shown in Figurg-11. This experiment demonstrates an unexpected

resonance in the MR compliance chamber. In facs, thiration exists because the MR
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chamber is long, and as a result, acts like aleapti beam. In deriving the semi-active
bushing equations, it is assumed that the MR comgtischamber remains stationary
with respect to the aluminum block. The experimlerdaults reveal that this assumption
is violated. According to the experimental resuhe natural frequency of the MR
chamber is between 40-4%z. This frequency region is the same as that ofnibieh
frequency in (5.10) . As a result, the MR chambesgpure response does not fully agree

with that of the mathematical model.
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Figure 5-10: MR chamber pressure response
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5.3 Damping Effect on Dynamic Stiffness response

The pressure transfer functions for the differehambers of a semi-active
bushing are given in the previous section. Thestratied force can still be calculated by
(3.7). The only difference is the pressure tranfiiaction in the passive and the semi-
active bushings. Therefore, the dynamic stiffnegsiagon can then be found by

substituting (5.7) into (3.7)

A’ 24 Rs+ +
oK +Bss  ISTHRs*IGIG
C,Is°+Rs+1/G+1/C +1/C

K (5.11)

For (5.11) and (3.9), the transfer functions aieilar. Therefore, the
experimental dynamic stiffness curves of the settiira system should exhibit the same

pattern; that is, a soft and a stiff region.
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The dynamic stiffness response of the semi-attivghing is first obtained for the
inactive MR valve (no current state). The experitaemnesults are depicted in Figure
5-12. As expected, the dynamic stiffness curvenmslar to the one shown in Figukel17
for the small inertia track. The semi-active bughia then tested for several current
inputs. Atl=0.5amp the MR track is saturated. The experimental teshHow the peak
of the dynamic stiffness response decreases front@d=860 N/mm as a result of the
damping produced by the MR valve. A lower peak amo be observed from the phase

response, where the phase bump is also reduced/f®mo 53°.
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Figure 5-12: Effect of the MR valve on the dynamic stiffnes response of the semi-active bushing

In addition, a curve fitting process is performedjtiantify the damping produced
by the MR valve. For the MR valve no current cd&€).0041 N-s/mmdemonstrates the

best fit whereas the best fit occurs for the MRvediull current case aR=0.0061 N-
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s/mn. It is interesting that the inertia track sizedi®003 N-&mn for the semi-active

bushing. The experimental results prove that thapilag and stiffness of the hydraulic
bushing can be controlled by the short inertiakracd the MR valve units. This semi-
active isolation solution is also economical siitceequires no change in the hydraulic
bushing design. Moreover the amount of MR fluid desk for this bushing is reduced
significantly. More research is needed to improke tuality and placement of the

component of this semi-active bushing.

5.4 Summary
In the previous chapter, a short inertia tracktized by attaching an external

compliance chamber to the bushing case. Althoughdtmamic stiffness response of the
bushing exhibits the required extension of the sagjton to higher frequencies, due to the
short inertia track size, the required dampingas met. An additional MR chamber is
introduced for achieving the damping specificatiofise innovative feature of this MR
chamber is the low MR fluid requirement which makbe solution a cost effective
approach. The pressure frequency response at eiéichl docation of the assembly is
measured. The responses are in agreement withatieematical model of the assembly.
Finally the dynamic stiffness response of the at$em measured for the MR valve in
no current and full current cases. It is conclutteat the newly designed MR valve can

produce the required damping by varying the edexiirent.
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Chapter 6: Active Chamber Design

The design of a semi-active bushing, based on DE Molation requirements, is
completed. In the semi-active bushing, the softaisan requirement for the cylinder
deactivation mode is achieved by extending the thymamic stiffness region of the
existing Cooper Standard hydraulic bushing to Higlyuencies. This shift of the low
dynamic stiffness region to high frequencies is oagglished by introducing the
additional short inertia track. The lack of dampidge to the shortness of this track, is
compensated by attaching an MR valve to the shertia track unit.

In this chapter, the design of an active compliactamber is discussed. The goal
of this design is to change the pressure respongeipumping chamber. Controlling the
pumping chamber pressure is essential because(&ddnand (3.9) it has a direct relation
to the transmitted force and consequently to theadyc stiffness. Unlike most of the
other active counterparts, this design relies enstiort inertia track approach developed
in Chapter 4. The main contribution of this new actihxamber is to compensate for the
lack of damping in the short inertia track at tlegch frequencies and. to alter damping
and stiffness at other frequencies of interest. Tast feature ultimately makes the

hydraulic bushing independent of the long inteinattia track.

6.1 Active Chamber

As stated above the goal of the new active chamdlesign is to control the
pressure of the pumping chamber. The relation twhe pumping chamber pressure
and the hydraulic bushing displacement is give(8iB). This equation is dynamic which

means that the active device should be able toiggoa frequency dependent pressure
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pattern. Thus, the coefficients of the pressurparse can be manipulated, and resulting
the desired transfer functions.

There are various methods of generating frequerpgndent pressure patterns.
However, the methods are not generally compatiblihé engine environment. The size
limitations, besides the power consumption consitlems and small frequency ranges of
the application, are the restrictive issues fordbmmon active pressure devices. In this
chapter, a novel magnetic actuator is designed witided to produce the required
frequency dependent pressure inside a compliararalodr.

The newly devised magnetic actuator is composea pérmanent magnet and a
solenoid coil. The permanent magnet is bonded tturarubber diaphragm. The rubber
diaphragm also seals the chamber which is filleth wiater. The electric current in the
solenoid coil produces a magnetic field in the citn of the permanent magnet’s field.
If the magnetic fields of both the solenoid coitdahe permanent magnet have the same
polarity, they repel each other. However, theyadteacted if the polarity is reversed. The
active compliance chamber assembly is illustratefgigure6-1.

There are several advantages for using this ty@etofator to control the pressure
in the chamber. Although the mathematical modelbhthese actuators usually involves
nonlinear terms, practically, these actuators arple to adapt and easy to control. In
this case, the size of the actuator is small winnetkes it suitable for installation on an
existing hydraulic bushing. Moreover, the actuadow power consumption is ideal for
automobile applications and its electrical currée#ding characteristic simplifies the

controlling purposes.
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Figure 6-1: Pumping chamber assembly

The general shortcoming of the magnetic actuawtheir limited displacement
functionalities. This occurs, because the magretice is related to the inverse of the
distance between the magnetic object and the miadingdtl source. In most cases, the
effective distance is limited to only a few centtnes. However, this problem does not
affect the performance of this magnetic actuat@abse the amplitude of the vibrations
produced by the engine are less than one centinmtysducing not a substantial volume
change in the compliance chambers. This amplitadeén smaller for high frequencies
(0.1-0.3 mm), where the magnetic actuator is dffectin fact the low displacement
characteristic of the magnetic actuator does né#chfthe desired performance. A

schematic view of the magnetic actuator is depitidegure6-2.
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Figure 6-2: Schematic view of the active pumping chamber

Changing the current in the solenoid coil activateke permanent magnet.
According to Shamelet al, (2006), the magnetic force on the permanent ntagne
estimated by computing the following:

F=I1(b +ax)’ (6.1)

where and are constants which are functions of the geonaatidythe magnetization of
the permanent magnet,s the distance of the permanent magnet from a¢kensid coil,
andl is the applied current. Here, it is assumed thateffect of the magnetic object on
the inductance of the coil is negligible. The lumpmodel of the active compliance
chamber is illustrated in Figue3.

The equation of motion for the permanent magnefrigen as

Mx =F - Bx- Kx A, B, (6.2)

WhereM is the equivalent mass of the permanent magnethrendiaphragm, anl and
K are the damping and stiffness of the elastic dagh, respectively. The continuity

equation for the active pump is

Apx+C,. P, =0 (6.3)
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and then
Mx =F - Bx- Kx Al x/G. (6.4)
By substituting (6.1) in (6.4),

Mx =al +blIx - Bx- Kx AL x/G. (6.5)

" it

=
C

AP

D Car

Figure 6-3: Lumped model of the active compliance chamber

The combination of (6.5) and (6.3) defines the detry dependent pressure
produced by the active chamber. The nonlinear temn(&.5) make the analytical analysis
of the dynamic performance of the actuator difficlihe linearization technique to solve

(6.5) is described in the next section.

6.2 Linearization

The second term in (6.5)Ix, is a nonlinear term in the differential equati®his

equation can be lineraized to enhance the numeaicalysis. In this case, the small
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displacement of the permanent magnet (in the arflé1-3 mm) makes linearization a
realistic approach. In fact, (6.5) can be lineatizbout its equilibrium point. It is
described in the following sections all the expemts are performed by sweep sine
current input excitations. Therefore, the magndigplacement also has the sine shape
which is oscillating about the permanent magnetimgsoint .The permanent magnet
displacement frequency is the same as that of theerdt signal frequency. The

equilibrium point is defined as
l,=0
X, =h
X, =0

Thus the state variable is

A’ a b
c a"M )yt IRGEYRAL (6.6)

ap

K
- T Yo (V"‘

Consequently, the linearized equation of motiothefpermanent magnet is written as

M Dx +BDx +(K +A% /C, )Dx =@ # h)l. (6.7)

6.3 Active Compliance Chamber Pressure Frequency Re  sponse

There are several techniques to find the frequeesgonse of a dynamic system. Here, a

sweep sine input is used. The amplitude of the wuequency response, which is the
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active compliance chamber’s pressure, is found ilbgrihg the signal at the input

excitation frequency. To find the analytical respenf the system, let

y =rsinut
Then,
Iy =Asinut. (6.8)

For (6.8) the particular response of (6.7) is

Dx =X coswt-q ), (6.9)
where

a JUK +A;, )A(i :/Ibv:))zw (Bw)? o
and

q Bw (6.11)

(K +AZ/C, )% - (Mw)?'
At low frequencies, the permanent magnet displacéimsepproximated by

A(a+bh)

= : 6.12
“ (K+AZ/C,) (612)
At higher frequencies it becomes
A(a+bh)
= 6.13

The transition between the low and high frequemsponses happens at

K+A2/C
w, = /* (6.14)

The peak value of the permanent magnet displacentamends on the damping of the

diaphragmB. By substituting (6.12) into (6.3) ,
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_ A@+bhA,
apdl (K + Afp / Cap)2 Cap ,

(6.15)

and

_Aa+bh) A,

= 6.16
apdh (M VV)ZCap ( )

Therefore, according to (6.15) at the frequenciefovow,, the pressure frequency

response should be a straight line.

To investigate the linearity of the active comptianchamber pressure response, an
experiment is performed for the frequencies belddvH& The displacement of a
magnetic shaker LDS V722 is adopted as a refergigoal to the solenoid coil. Dactron
SpectraBook and Dactron Shaker Control softwangsexd to command the sweep sine
signal to the magnetic shaker. Also, a Dytran acoeheter, Model 3145AG LIVM, is
also used as a feedback signal to the shaker dorgranit to maintain a constant
sweeping amplitude. Additionally, the acceleratismmplified and then transferred to a
computer by a data acquisition A/D card. The SimlulMatlab interface is utilized to
calculate the shaker displacement from the shat@leration. The displacement output
is amplified by a pulse width modulated amplifiePWM) to produce currents,
proportional to the shaker displacement. In alléRperiments, the shaker controller unit
maintained the displacement constant. The curngniak which is fed to the solenoid
coil, for the different gains is depicted in Fig@. It is noteworthy that the spikes at 8
and 21Hz are the responses from the shaker frame. Thesgl@iaces can be considered

as systematic errors, fed to the active complizheenber.
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Figure 6-4: Current feeding to the solenoid coil proportimal to the shaker displacement

A PX4000C6, OMEAGADYNE pressure transducer is erpptbto measure the pressure
inside the chamber. Figu@5 exhibits the experimental results of the disphaent

proportional current feeding to the solenoid céitom the experimental results, it is
evident that the pressure frequency response fellbw feeding current signal linearly.

This observation matches the linearized low preseqguation,

log B, =L =cte
where
L= A(a+bh)A,

(K +Aazp / Cap)ZCap
It is concluded that increasing the current resuttsa larger displacement of the

permanent magnet, and consequently a higher pees®ide the chamber.
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Figure 6-5: Active compliance chamber pressure frequencyesponse for a constant amplitude

current sweep

6.4 Other Preliminary Input Signals

In addition, the pressure frequency response ofathiwe compliance chamber to other
common displacement related sources of the magsbea&er (such as velocity and
acceleration) is investigated. First, the curreghal, proportional to the shaker velocity

becomes the commanding input signal. With the ssemsor setting which satisfies the
constant displacement, the velocity of the shaker i

vV =rwsin(m)

Then

I, =Awsinut, (6.17)

and
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log|l,|=log A + logw
Therefore, the current curve should be an inclilmeel with alog A offset. The

current signal for this case and for different eatrgains is shown in Figu@6. This

signal is produced by the integration of the anmafifshaker acceleration signal.
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Figure 6-6: Current feeding to the solenoid coil proportimal to the shaker velocity

The permanent magnet displacement response fokithdsof current source is

derived in the same way as that of the previousteom amplitude current case. Thus,

Am(a+bh
v = M/(Z ) 2 (618)
(K+AK/1Cu)

and
_A(a+bh)

By using (6.18), the low frequency pressure respos
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___Am(a+bh)A, (6.20)

v (K +AA2P/CAP )ZCAP’

Then
log R, = L+ logw

Like the input current curves, the pressure frequeasponses should be inclined
lines with offsetL. In practice, the current signal, proportional te ghaker velocity, is
obtained by integrating the shaker accelerationadidt is then amplified and fed to the
solenoid actuator. The pressure frequency respiandbe velocity proportional current
is shown in Figur&-7. Similar to the displacement proportional cotrease, the pressure

frequency response follows the input current siginakrly.
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Figure 6-7: Pressure frequency response for a velocity pportional current sweep input
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Next, the acceleration signal from the acceleromistedirectly adopted as the
input to the solenoid coil. Based on the constanplaude displacement signal, the
acceleration signal is
a = ru’sinmw
Then
|, =Aw/sinumt, (6.21)
and
log|l,| =log A +2logw

Therefore, the acceleration proportional currenansinclined line with a slope

twice as that of the velocity current. Fig- illustrates the current feeding signal to the

solenoid coll for the different current gains.
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Figure 6-8: Current feeding to the solenoid coil proportimal to the shaker acceleration
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The linearized low frequency amplitudes of the pament magnet and active

chamber pressure are

Aw/(a+bh
la = ( K +)A(2 /C ))2 ’ (622)

and

Aw/(a+bh
v = (2 )AZ‘AP : (6.23)
(K+AGTChp) Che

Then
log B, =L +2logw

By comparing the velocity and acceleration propori current feeding pressure
responses, the acceleration should display a $loige as large. The different response

slopes of the two types of feeding are observeddmyparing Figuré&-9 and Figuré-7.
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Figure 6-9: Pressure frequency response for an acceleratigproportional current sweep input
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6.5 Second Order Transfer Function Feedings

As described in the previous section, differentspuee frequency responses are
generated by the various current feeding sourcesieder, this reflects only a superficial
capability of this active chamber. To explore thereninteresting features of this active
chamber, it should be pointed out that the displecg has a 90 and 180 phase shift
with the velocity and the acceleration, respecyivél current proportional to each of
these three input sources inherits the same prepefthese phase shift characteristics are
used to generate complex pressure frequency respon$o consider the phase shift
characteristic of the different types of currenputs, the following transfer function is
utilized to generate a complex pressure response

_ 1080
' 0.3s%+ 20s+ 108(C

(6.24)

Egation (6.24) has a quadratic transfer functiontie denominator. The
displacement, velocity, and acceleration componapizear as the coefficients of this
quadratic. The same as a conventional second sydtem, the asymptotic frequency
response of (6.24) is a straight line at frequendielow 9.5Hz (this frequency is the
natural frequency of;) and an inclined line with a negative slope faghar frequencies.
Figure 6-10 shows the pressure frequency response torantwsource in (6.24). The

response proves a close match to the transfericumct
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Figure 6-10: applied transfer function pressure response
Like the typical quadratic transfer function, th@ch frequency of the response is
a function of the square root of the ratio of thenstant ands® coefficient for small
damping ratios. Hence, increasing the constantsstiié notch frequency to higher values
and a rise in the® coefficient has the opposite effect. The followingnsfer function is

used to confirm the effect of shifting the notcaduency of the applied current to higher

frequencies on the pressure response.

4000
, = 5 (6.25)
0.3s° + 40s+ 400C

In this transfer function, the notch frequency@®g) is increased to 18Hkz The

pressure response to this transfer function isotiegiin Figures-11. Compared to Figure

6-10, the constant amplitude region is now extentledhigher frequencies. This
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experiment proves that the notch in the pressueguency response of the active

compliance chamber can be easily shifted to angispe frequency.
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Figure 6-11: effect of the transfer function notch frequeny variation on the pressure response
Another experiment is performed to investigate @ffect of varying the velocity

gain, s coefficient, on the pressure frequency responeedd so, the following transfer

function is used:

4000
3= 5 ) (6.26)
0.35° + 30s+ 400(

Here, the coefficient o (velocity gain) is changed from 40 to 30. Théerm

coefficient in (6.26) defines the damping in thesteyn. The damping coefficient in a

typical quadratic transfer function affects theamoamplitude of the frequency response,

as observed in Figug12.
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Figure 6-12: Effect of the transfer function resistance vaation on the pressure response

6.6 Complex transfer functions effect

The pressure inside the active compliance chamaeratso be controlled by
means of a defined second order transfer functionther words, the chamber pressure
response is directly related to the applied curfesfjuency pattern. Here, a current
signal, similar to the pressure frequency respasfséhe hydraulic bushing pumping

chamber (quadratic functions in both the numerata denominator), is used as an input
transfer function, that is

2
T, = 0.352 + 2s+ 110C' (6.27)
0.3 + 3s+120C

This transfer function has a quadratic function doth the numerator and
denominator. According to the transfer functione thressure frequency response is

supposed to be a straight line at low frequencisce the notch frequency of the
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numerator second order polynomial is smaller tHaat of the denominator one, the
frequency response should gradually increase to dhahe notch frequency of the
numerator. The maximum amplitude, which dependsthen coefficient ofs in the

denominator, happens at this notch frequency. Kinal high frequencies, the pressure
response continues as a constant. The pressuteefregresponse for (6.27) is portrayed

in Figure6-13.
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Figure 6-13: Active chamber pressure response to transféunction similar to P,

The pressure frequency response in Figi#8 is qualitatively identical to the
pressure frequency response of the pumping chaailibe hydraulic bushings. In fact,
the notches in the dynamic stiffness curve exisaassult of the pressure frequency
response of the pumping chamber. The adoption efttive compliance chamber and
control of the pressure signature results in stgfthe dynamic stiffness notches to higher

frequencies. Therefore, the soft region of the dyinastiffness response includes a high
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frequency region which is the main goal of the asml design for VDE systems. The
notch frequency shifting of the pressure frequerasponse is illustrated in Figuéel4

for different current transfer functions.

0.09r

o
o
<)

Pressure(psi)
o
(@)
(6]

o
o
e

5 10 15 20 25 30
frequency (Hz)

0.01 ‘

Figure 6-14: Pressure response frequency shift

The amplitude of the pressure response is contr@éesily by varying the input
current gain. Figure-15 displays the response for the same transfectin with
different gains. In addition to the current gain,pmper selection of the elastomer
diaphragm, in addition to the permanent magnetaizkits magnetic property, can boost
the response amplitude. The solenoid coil propanty its size affect the forcing quality,
and consequently, the pressure amplitude. Alsooptimum distance between the
permanent magnet and the solenoid coil can aldowe by a quantitative analysis and
simulation of the magnetic force, the permanent meéigequation of motion, and

considering the system nonlinearities.
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Figure 6-15: current gain effect on the pressure responsemplitude
Finally, the peaks of the active chamber pressuegukency response are

controlled by defining a proper velocity gamcoefficient, in both the numerator and

denominator. The following transfer functions ased to experimentally clarify that

phenomenon,:
2
T, = 0.382 + 4s+ 500C (6.29)
0.35° + 45+ 520C
and
2
_0.3s" + 3s+ 500C (6.29)

® " 0.35? + 35+ 520C
From (6.28) and (6.29), the velocity gainsTimare higher than those . As a
result, higher peaks are expected in the presssponse with the current transfer

function of (6.29) . The experimental results amnmarized in Figuré-16.

115



0.09

0.08 -

0.07

0.06 -

0.05

Pressure(psi)

0.04

0.03

0.02

0.01 ‘ ‘ :
5 10 15 20 25 30

frequency(Hz)

Figure 6-16: Effect of velocity coefficient on the press response notch frequencies amplitudes

6.7 Summary

In this chapter, a magnetic actuator is designedprimduce the frequency
dependent pressure response. This actuator corwdisés permanent magnet and a
solenoid coil. The equation of motion for the penerat magnet is derived and linearized
at the equilibrium point. Also, a magnetic shakenves to produce the feeding signal to
the solenoid coil. The displacement, velocity, auteleration sweep sine excite the
magnetic actuator. It is shown that the pressuequiency response follows the input
signal linearly. The amplitude and phase differenaethe various current input sources
are then employed to create the required pressegeidncy response by producing the
desired transfer function in the applied currenthe solenoid coil. Additionally, it is
shown that the notch frequencies of the pressgorese can be shifted by changing the

notch frequencies in the current transfer functibimen, the effect of the current gain on

116



the amplitude of the pressure response is studiieel velocity term coefficient is applied

to control the peak amplitude at the notch freqiemncrhe active compliance chamber
proves to be a versatile device for controlling pinessure in the frequency domain. The
effect of this magnetic chamber on the pumping diempressure is investigated in the

next chapter.
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Chapter 7: Pumping Chamber Pressure Control

An active chamber is designed@mapter 6 to control the pressure in the pumping
chamber of the hydraulic bushing. The magneticaotu(a combination of a solenoid
coil and a permanent magnet) is employed to deheeactive chamber. An electrical
current based on the displacement, velocity, acdlaation of the bushing is the source
of power for the solenoid coil. The experimentasules of the pressure frequency
response of the active chamber are in an excetiaith to those of the feeding signal.

In this chapter the effect of the active chambeth@npumping chamber pressure
response is scrutinized. The active chamber is eded to the hydraulic bushing.
Similar to the procedure for the previous chaptidferent current inputs are used, and

the pressure frequency response of the pumping ledraisimeasured.

7.1 Active Hydraulic Bushing and the Mathematical M odeling

As discussed in SectioB.1, the rubber stiffness and damping in additionthte
pressure inside the pumping chamber, significardffect the dynamic stiffness
performance of a hydraulic bushing. The rubberfretfs and damping are embedded
features of the conventional hydraulic bushing arel designed according to the static
load and torque considerations of the engine. Assalt, a device which can actively
control the pressure in the pumping chamber can alter the dynamic stiffness
characteristic, effectively. It is shown in the yioais chapter that the newly designed
active chamber can successfully change the preasarey specified frequency.

This chamber is connected to the hydraulic bushasyshown in Figurg-1. A

schematic model of the active hydraulic bushingeewsy is given in Figur@-2. In this
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schematic view, the active chamber is represengearieciprocal pump with an effective
cross-section aredp, which is different from the effective pumping a@ahe pumping
chamber. The active pumping displacement.i®\lso, a compliance chamber is chosen
to model the elastic characteristic of the activember diaphragm. It should be
mentioned here that the internal inertia track led hydraulic bushing is also blocked
from the inside for this experiment. As a resutte tonly inertia track in the active
hydraulic bushing assembly is the short inertiaky@onnecting the pumping chamber to

the active chamber.

| V
Figure 7-1: Active hydraulic bushing assembly testbed
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The continuity equation for the active hydraulicsbung is the same as (3.1) and (3.3) ;

however, (3.2) should be rearranged as

C,R+ALY =Q. (7.2)

A.
N A C}l/c2
[

Figure 7-2: Active hydraulic bushing schematic view

By solving (3.1), (3.3) and (7.1) ,

AuX (s)(1,C,$+ RG &1 ) A Y (s)
CC,(1,+Rs+C) GG (18+ Rs C’

P(s)=

AuX(8)Gs A Y(S)Es
CC,(Iis"+RstC) GG (I 8+ Rs C

Q(s)=

and

ApX (S) A.Y (s)(J] GS+ RECsl

Pz(S)=(:1C2(|isz+F§s+ C) GG(l8+Rs C)

(7.2)

(7.3)

(7.4)

In reality, the active pump acts on the dynamiffre&ss curve by producing a

pressure difference according to the applied ph@bserving (7.2) , the contribution of

the active pump in the pumping chamber pressure is

AplApZY ( Q 1

5 : (7.5)
CC,X(9 I;s“+R s+1/C +1/C
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In the following sections, the mathematical modethe active hydraulic bushing

is validated.

7.2 Pressure Frequency Response of the Pumping Cham  ber

To practically examine the performance of the &ctikamber, it is attached to the
hydraulic bushing as exhibited in Figurel. Similar to the passive hydraulic bushing
compliance chamber, the active chamber pressunsfémrafunction in (7.4) (activation
signal Y(sF 0) has a quadratic function in the denominator.typical asymptotic
frequency response of such transfer functions sbrsia straight line, which turns into
an inclined line at the transfer function notchgfrency. In reality, the actual curve
produces a peak at the break point. The amplitdidieeopeak depends on the resistance
(first order term coefficient) in the quadratic @lilwn. The pressure response of the active
chamber, when the input signal is zero is depidtedrigure 7-3. According to the
experimental results the notch frequency, occur6ztiHz. The peak at the notch
frequency is relatively high, because the shonttiag¢rack can not apply much resistance
to the flow motion.

The phase response of the active chamber is deedfin FigureZ-3. Similar to
the typical quadratic function in the denominatbe phase should be shifted from 0° to
180°. This transition takes place at different €relcy ranges, depending on the damping
factor. However, at the system notch frequency, piase should be 90°. This
experimental result validates the pressure trarfafestion of the active chamber. Since
the ultimate goal is to control the pressure ingide pumping chamber, the focus of the

following experiment is on the pressure frequeregponse of the pumping chamber.
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Figure 7-3: Active chamber pressure frequency response

The pumping chamber’s pressure transfer functiothefassembly in (7.2) has
two terms. The first term consists of quadraticctions in both the numerator and
denominator, whereas the second term has only drafi@afunction in the denominator.
Since all the coefficients in the first term of ghieessure transfer function of the assembly
belong to the original hydraulic bushing; the taercalled the hydraulic pressure term.
The effect of the active pulses on the bushingrabbeis denoted by the permanent
magnet displacement transfer functig(s) in the second term of the pressure transfer
function.

The hydraulic term of (7.2) has a quadratic funttio both the numerator and
denominator. Thus, the pressure frequency respohsiee original hydraulic bushing
(without the active component) should have two hofcequencies at the natural

frequencies of the quadratic functions of the hyticaaerm. The natural frequency of the
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quadratic function of the numerator is less tham dhe in the denominato€{<<C,).
Consequently, the pressure frequency response &stgnghould be a straight line at the
beginning, an inclined line at the numerator ndteljuency, and finally, a straight line at
the denominator notch frequency. The high frequgregsure response is a straight line
due to the fact that the positive and negativeedogt the numerator and denominator
cancel each other out at the denominator (secoomthhnfrequency. The pressure
frequency response of the active hydraulic buskisgembly is plotted in Figuré-4.
This experimental analysis is performed for thecaorent case to the active component.

As a result, the active term in (7.2) is zero.

w E
T

Pressure (psi)
N

1 L
it B L W —
10 20 30 40 50 60 70
frequency (Hz)
200
150+ 8
100+ .

Phase (deg)

o]

o o
=
E

10 20 30 40 50 60 70
frequency (Hz)

Figure 7-4: Pumping chamber pressure frequency response

According to the experimental results the notclydencies occur at 3z and 62
Hz. The peak, associated with the frequency respahgbe notch frequencies, is the

result of the resistive force produced by the iaetrtack. This resistive force appears as
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the coefficient of the first order terms in the dratic functionsR. It is noteworthy that
the higher resistive force lowers the peak ampéitud

Moreover quadratic functions have phase shifts wite hydraulic bushing
displacement. For the quadratic function in the erator, which happens earlier, the
phase shift asymptote is 180 . The start and cotopleof the actual phase shift curve
depends on the damping coefficient of the quadfatiction. However, the phase shift at
the notch frequency is 90 for all the damping @eefnts. The same occurs for the
quadratic term phase shift in the denominator wite negative values. The phase
response of the pressure frequency response isl@fscted in Figur&-4. This response
also matches the mathematical model in (7.2). Altfrosome noises exist in the phase
response at low frequencies, the phase shift ofptlessure response to the bushing
displacement is almost zero. The 90 phase shikésglace at 3Hz and the 180
completes approximately at 4. The phase shift which corresponds to the dendmnina
guadratic function begins approximately att2 The -90 phase shift occurs at B2.
The phase shift returns to 0 the frequencies highan 70Hz. The wider frequency
range for the denominator phase completion, whsctiue to the smaller amount of the
damping, corresponds the high peak in the presduequency response. The
experimental pressure response proves the vabllitye hydraulic term in (7.2).

Different preliminary feeding signals such as thesipon, velocity, and
acceleration of the shaker are adopted to checkdah&rmity of the response with the
input current, and also to validate the mathemhatreadel of this active component; that

is, the active term in (7.2).
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First, the effect of the displacement feeding anphessure frequency response of
the hydraulic bushing is investigated. According#®), if the two terms of the pumping
chamber pressure transfer function is combinedpdisgtion feeding has an impact on the
constant coefficient of the quadratic function I thumerator of the hydraulic term of
the pressure frequency response. The first noedfuéncy is the natural frequency of the
numerator of the hydraulic term. Therefore, by @asing the constant, the first notch
frequency of the resultant system should move ®right (higher frequencies). The
experimental result of the position feeding pressesponse is illustrated in Figures.

As expected, the notch frequency is increased 8@z to 45Hz
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Figure 7-5: Position feeding effect on the pumping chambegressure frequency response

The shift in the first notch frequency locationn®re apparent by observing the
phase response in Figures. Although the position feeding has no diredeefon the

resistive force of the inertia track, the posititeeding contributes to the damping
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coefficient. This can be explained by realizing tthacreasing the compliance
corresponds to higher natural frequency, then withsame amount of the resistance a
lower damping ratio is resulted. This phenomenonoliserved by comparing the
frequency range of the completion of the ascengimgion of the phase responses. For
the original response, this range is approxima@liiz and 5Hz for the position feeding
response. Eq(7.2) predicts no significant changthénpressure response related to the
numerator quadratic function. This confirms to #eerimental results, illustrated in
Figure7-5.

Unlike the position feeding, the velocity feedirfteats the first order term in the
guadratic function of the numerator of the hydmaukrm. This occurs because the
velocity signal is the first derivative of the pio@n signal, and then the velocity signal
Laplace transform appears with &1 in the transfer function. In fact, the first orderm
in the quadratic transfer functions determines daenping coefficient. Therefore, the
damping adjustments can be achieved by tuning tifps of feeding. The pressure
frequency response of the active bushing is depict&igure7-6.

In the frequency responses of the quadratic funsfithe damping coefficient
indicates a significant effect at the natural freoeies where the resonance occurs. Since
the velocity feeding alters only the damping cagdint in the numerator of the hydraulic
term, most of the effect is observed at the firstch frequency; That is, 3Az To
highlight the effect, the pressure response isaiegiifrom O to 1psi. According to the
experimental results, the velocity feeding responae a lower peak, compared to the

original response of the hydraulic bushing. It dddae noted that, as predicted by(7.2),
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the velocity feeding does not significantly contitd to the shifting of any of the notch

frequencies.
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Figure 7-6: Velocity feeding effect on the pumping chambepressure frequency response

The explanation of the effect of the velocity resp® on the active hydraulic
bushing might be easier, if the phases of the wgléeeding and original responses are
compared. According to the phase response of tlieityefeeding, the phase shift starts
earlier at 15Hz. The early beginning of the phase shift reflectymcal effect of the
higher damping coefficient. Like that of the origimesponse, the 90° phase shift which
corresponds to the first notch frequency happei3¥ &iz. this point can be identified by
the intersection of the original and velocity feegliphase responses. Also, there is no
significant change in the ascending portion ofgthase response which is dominated by

the quadratic function in the denominator of thdraylic term.
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The last test signal to validate the active ternthef pressure transfer function is
the acceleration feeding signal. It is the secomdivdtive of the position signal.
Therefore, in a quadratic transfer function, theeseration feeding impacts on the second
order coefficient. As a result, this type of inpaghaves in contrast to the position
feeding; that is, increasing the acceleration fegdamplitude, decreases the natural
frequency of quadratic function. The experimengslutts of the acceleration feeding are

illustrated in Figurer-7.
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Figure 7-7: Acceleration feeding effect on the pumping chmber pressure frequency response

In this experiment, a negative acceleration sigealsed. Therefore, based on
(7.2), the first notch frequency should move to tiighat (higher frequencies). According
to the experimental results, the first notch fregpyeis increased from 3Hzto 44Hz As
expected from(7.2), the second notch frequencytimtaas well as its corresponding

frequency pattern, remaines untouched.
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Accordingly, the phase response of the accelerafemding confirms the
prediction of (7.2). For the phase response inffeéigu7, the 90° phase shift is moved
from 37 Hz to 44 Hz. For the same reason described earlier in Séttorfeeding
experiment, the damping coefficient is affectedHsy acceleration feeding. Furthermore,
this can also be identified in the phase respogssimparing the frequency regions that

the 180 ° phase shift completes in the original arxkleration feeding responses.

7.3 Complex Transfer Function Feeding

In the previous section, the validity of the matla¢ical model is confirmed by
different experiments. Moreover, the significanpa&ilities of the active chamber are
clarified. In fact, this versatile active chambeit only produces the required pressure
differences, but also provides the phase shiftsedb@n the input signal type. As a result,
different features of the original pressure resporsggnature, such as the notch
frequencies locations and the damping coefficieats, easily altered by adjusting the
position, velocity, and acceleration signals to $bkenoid coil. The frequency dependent
feature of this active chamber can be used to ereamplex pressure frequency
responses from the active hydraulic bushing assemfts a beginning, the following
transfer function is used to feed the electricaient to the solenoid coil:

Tf, =K, C,(31§- Rs 1). (7.6)

amp
whereKamp is the amplification constant used for the inputrent. Tf; is composed of an

acceleration signal which is three times of thertiaetrack size, the velocity and a
negative position signal. This combination of signand coefficients allows the first
notch frequency to shift to the left (lower freques) according to the ultimate possible

electrical current of the solenoid valve. The remil quadratic function in the numerator
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of the hydraulic term requires large second ordwffecients and smaller first order
coefficients and constants. Consequently, the akftequency of the quadratic function

in the numerator decreases. The experimental sesult compared to the original

response in Figuré-8.
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Figure 7-8: Pumping chamber pressure response subjected 16,

To further clarify the effect off;, the pressure response is displayed in th@$ér1
region. As expected, the notch frequency is movenh f37Hz to 33Hz This frequency
shift can be identified more clearly by observihg phase response. The 90 phase shift
in the Tf; response occurs at 33z. Another interesting feature dif; which can be
understood from the phase response, is the redugtidthe damping coefficient. The

phase shift transition from 0 to 180 transpiresaismall frequency region oftHz (from

30Hzto 35H2).
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Also, the use of the active chamber affects theguee frequency response in the
frequencies, other than the region dominated byweenotch frequencies of the original
response of the hydraulic bushing. This capabiléynonstrates its significant importance
in cases, where complex pressure response pafteralty affects the dynamic stiffness
as well) are required. In the automobile appliaatihis situation occurs at the resonance
frequency of the engine (usually at 10-Hg), where high damping is required.
Obviously, the passive hydraulic bushing can natl eath the VDE isolation problem
and the engine resonance frequency at the sameRonexample, the following transfer

function is used to affect the pressure responsieeir20-3(Hz region,

_ 0.68" +12s+ 8000

Tf, = .
2 0.35* + 10s+ 1000(

(7.7)

This transfer function has two notch frequencied&Hz and 29Hz. The low
frequency response of this function is 0.8, whetbasigh frequency response is 2. The
frequency response of; is depicted in Figuré-9.

Then, the electrical current is fed to the solencail, based on thdf,. The
pressure response of the active bushing affectadibynput is compared to the response
of the hydraulic bushing in Figuig10. If the two graphs are compared, two new notch
frequencies are added to the existing notch frecjagerof the hydraulic bushing at P&
and 3Hz These are not exactly the same as the notchdmneigs ofTf,. This is due to
the hydraulic term of the pressure response oftisembly in (7.2), contributing to the

location of the notch frequencies imposed by thvachamber.
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Figure 7-9: bode plot of Tf,
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Figure 7-10: Pumping chamber pressure response subjected Tf,
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The phase response of thd, feeding agrees with the pressure frequency
response. According to the experimental results fitist notch frequency of the original
response is also affected Hfs. To explain such a shift, it should be noted thatTf,
transfer function has a constant value for theueegies below and above the frequency
range, dominated byf,’s notch frequencies. This constant for the highequencies
approaches 2. Thus, in the range of the frequerafi¢ise original response, the active
chamber functions as a position feeding signal.

The active chamber can also be fed in a way toteresen more complex
pressure responses. In fact, the feeding signas®doon the transfer functions, dictate the
pressure response signature. To show this capalthi¢ following transfer function, in

addition toTf,, is adopted to shape the feeding signal:

_(0.65” + 5s+ 2000)

Tf, = .
*(0.38* + 55+ 3000)

(7.8)

The notch frequencies @ff; take place at $1z and 16Hz According toTfs, the
low and high frequency values of this transfer tiorcshould be 0.7 and 2, respectively.
The Bode plot offf;is denoted in Figur@é-11.

The pressure response of the new set of feedinwalsigs exhibited in Figure
7-12. In the experimental results, the two new @alil notches resulted froffif; are
easily identified. Similar to those aff,, the new notch frequencies happen aH¥mand
19 Hz. As explained earlier in this section, this sh&fta result of the other transfer
functions contributions to the resultant activelbaog pressure response. In reality, the
notches produced b, are also slightly affected bif; The shift in the original response

notch frequencies occurs for the same reason a&xpéined forTf,. It should also be
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noted that in addition to the notch frequency ¢ogatthe corresponding damping can be

adjusted by varying the first order coefficientle desired transfer function.
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Figure 7-11: bode plot ofTf;

7.4 Conclusions

The active chamber, which is designed in the previchapter as an additional
component to the existing hydraulic bushing, idet@sn a practical situation. Also, the
active hydraulic bushing assembly is modeled is ttapter. It is demonstrated that the
pressure response of the assembly consists of weadlic term which inherits its
dynamic behaviour from the existing hydraulic bughiThe other term of the pressure
response is called the active term. The mathenmaticael is validated by elementary
experiments. Different features of the originalgsure response of the hydraulic bushing,
such as the notch frequency location and dampingfficent are altered by the

appropriate signal feeding to the active chambeorddver, the active chamber
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successfully imposes the transfer functions ofitipait signal on the original pressure
response of the hydraulic bushing. This capahiitsequired, since the engine resonance

requires more damping. The effect of this activancher on the dynamic stiffness

response is the subject of the next chapter.

1 ;
Original response

Pressure (psi)

60 70

frequency(Hz)

200

150

100

Phase (deg)

30 40 50 60 70
frequency(Hz)

Figure 7-12: Pumping chamber pressure response subjected Tf,
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Chapter 8: Active Hydraulic Bushing Dynamic Stiffne SS
Response

The development of an active chamber for tuninggressure of the pumping
chamber is explained in Chapter 6. As a follow tings active chamber is connected to
the hydraulic bushing and shapes the active hydrdulshing assembly. The active
hydraulic bushing is tested in Chapter 7, whereettigerimental results demonstrate that
the active chamber can affect all the essentidbpaances of the dynamic response in
the hydraulic bushing. This includes the notch destpy locations and damping
coefficient. In addition, the active chamber canduce the required pressure responses
at other frequencies rather than the notch fregasnc

In this chapter the active hydraulic bushing dyramisponse is discussed. The
literature background explains different experinaémesults are covered in Chapter 7.
Thus, to avoid duplication, a brief discussion,dshen the previous chapter, seems to be

sufficient.

8.1 Modelling and System Identification

Before the experiments, it is essential to spemé tind go over the mathematical
model of the active hydraulic bushing. This modetrgually helps us explaining the
experimental results precisely. Here, the samensatie model in Figur@-2 adopted and
most of the required relations are developed inpievious chapters. The transmitted
force from the isolator is given in (3.7)he K; andB; coefficients do not change in the

active hydraulic bushing. The only variable whiaeds to be plugged into this formula
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is the pumping chamber pressure. The appropridt&giae for the active hydraulic

bushing pumping pressure is given in(7.2). Thus tthnsmitted force is

AX(S)(IGS+ RGS1) A Y(s)

F(s)=(K +Bs+ X(s)@B.1
H(8)= (KBSt A O e e G To e Rs O)N(SED
and according to the dynamic stiffness detention,
2 2 Y
KdynzKr+Brs+i (ZI‘S *RstL/G ) AuA,Y(S) 1 (8.2)
C, IIS+Rst1/G+1/GC GG X(s),I’s+ Rsl /G1 /f

The experimental results of dynamic stiffness raespaare offered in Figui@ 1.

It should be noted that this experiment is perfanvehen the input to the active chamber
is set at zero. Similar to those of the conventidnairaulic bushing, the two notch
frequencies are identified in the active bushingadgic stiffness response. However, due
to the short inertia track inside the active chamb® notch frequencies are moved to
higher frequencies. Moreover, the lack of dampsigléar, where the peak in the second
notch frequencies happens at about Bd@m (compared to 300I/mmin conventional
hydraulic bushings).

To find the coefficient in the dynamic stiffness.28 the same curve fitting
process as those in Chapter 3 is applied herdyaagnsin Figure8-1. The simulation is a
perfect match to the experimental data. The diffeceefficients in the dynamic stiffness
equation are tabulated in Talflel. Except the inertia track size and resistatiee pther
coefficients are the same as those in Table 3-i.th® active hydraulic bushing, the
small inertia track size and resistance are thesemurence of the short inertia track

designed in the active chamber.
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Figure 8-1: Dynamic stiffness response of the active hyduéic bushing and the fitted curve

Table 8-1: Nominal hydraulic bushing parameter values

Symbol Value Unit
A 14.7 mnd

B: 0.1398 N-s/mm
K, 195.14  N/mm
Ci 2.3709  N/mm
C, 300.99 N/mm
1 2.66e-006  NS¥mnv
R, 1.5e-004  N-s/mm

8.2 The Elementary Inputs

In Chapter 7, the pressure response of the pumgagnber is examined by

varying the current input to the solenoid coil adoag to the displacement, velocity and
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acceleration of the bushing. For a preliminary stigation, the same inputs are adopted
in this section. For each current input sourcamaikation is performed, according to the
coefficients found by curve fitting. The simulatioasults are then compared to the
original response to discuss the improvements.
First, the displacement input effect is investigatEherefore in(8.2),
Y (s)/X(s) =Ksosition - (8.3)

By substituting (8.3) into (8.2),

=Kr+BrS+i€1(lisz+RS-:a-/g 0—' %‘2%osition /'%1 )) (84)
C, s+ Rst1/C+1/C

K

dyn

As a result, this kind of current input signal edtéhe constant in the denominator
of the dynamic stiffness equation. In the convergichydraulic bushing the numerator
constant is related to the stiffness of the compkachambers which defines the location
of the first notch frequency of the hydraulic bughi This implies that, by applying a
current signal proportional to the bushing disptaert, the material property of the
compliance chamber is altered. This interpretativakes sense, since, by applying a
current proportional to the displacement, the a&ctitamber contributes to the dynamic
volumetric capacity of the chamber which is detewdi by the compliance of the
compliance chambers in the conventional hydraulighing. Hence, the magnetic pulses
in the direction of the bushing displacement intica softer compliant material, whereas
the opposite results in a stiffer one.

The simulation results of the original response #r&l response related to the
position feeding are compared in Fig@€. Both the magnitude and phase simulation

results show that the first notch frequency istelito higher frequencies. However, as it
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Is expected, the location of the second notch faqy (the natural frequency of the

denominator) remaines untouched.
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Figure 8-2: Dynamic stiffness response of the current praptional to the bushing position feeding

(simulation)

The experimental results of the current signal,pprbonal to the bushing
displacement, are shown in Fig@€. A positive electrical current signal is usedthis
experiment. According to the experimental resuhs, first notch frequency is moved
from 51Hz to 55Hz. Similar to the simulation results, the seconcchdtequency at 63
Hz is untouched. The damping at the first notch fezapy is slightly less than that of

original response due to the increase of therfiosth frequency.

140



E 1000
£
= Original response
R R Position feeding
e
£ 500¢ -
wn
Q

= o —— R e e S TS m . e

] - 2=

§\ O | | L L L L
o 10 20 30 40 50 60 70

Frquency (Hz)
150

& 100+

A=)

%

S s0f

o

0 MM‘-- i uwe
10 20 30
Frequency (Hz)

Figure 8-3: Dynamic stiffness response of the current praptional to the bushing position feeding
(experiment)

In the second experiment, an electrical currentp@rional to the bushing
velocity is fed to the solenoid coil. The trandi@nction of this type of current is
Y(S)/X(S) =S-Kelocity - (8.5)

Thus, the dynamic stiffness equation is

Abl(ls"'(R A2 Keosiy 1 Aa G )31/9. (8.6)

=K, +B,s+—
IS+ Rs+t1/C+1/C

K

dyn
l

From (8.6), the principal contribution of this tymd current signal is to the
damping at the first notch frequency. This sigrettdves like the MR valve in Chapter 5.
In other words, the velocity feeding is equivalentltering the roughness of the existing
short inertia track of the active chamber.

The simulation results of (8.6) is given in FigBet. The dynamic stiffness

simulation reveals a smaller peak at the first mdtequency. As expected, none of the
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notch frequencies is relocated. Also, the phageoreses agree with the theory. The phase
shift begins at the earlier frequencies, demonsggan increase in the damping ratio. It
Is interesting that the phase responses of thanatigand the one with the current
proportional to the velocity are intersecting ag¢ trst notch frequency, whereas the
second notch frequency phase responses are al@a@die This results in an obvious

change in the damping at the first notch frequency.
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Figure 8-4: Dynamic stiffness response of the current praptional to the bushing velocity feeding
(simulation)

Simulink Matlab software is used for producing areat signal proportional to
the velocity. The experimental results are reflecte Figure 8-5. The peak of the
dynamic stiffness response at 81 is reduced from 108/mm(base is at 200//mn) to
almost 10N/mm The notch frequency locations are the same ftn bases. The phase

response also agrees with the mathematical model.
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Figure 8-5: Dynamic stiffness response of the Current pramtional to the bushing velocity feeding
(experiment)

The last elementary current signal which is exachimere is the one proportional
to the bushing acceleration. The electrical curteartsfer function for this case is

Y(S)/X(s) =4, Kacceleration- (8.7)

By substituting (8.7) into (8.2), the dynamic stéks transfer function is,

2 - .
— Kr + Brs_l_i (( Iii Aﬁ)ZKacceleratlon/ A[lcz )§+ Rs 1 /Q . (88)

K
|S+Rst1/C+1/G

dyn
1

The active chamber for this case affects the iadréick size, indicating that the
inertia track size can dynamically be changed.dality, the active chamber produces
such an effect by creating a momentum in the flaigrating from or to it. If the created
momentum is in the direction of the one producedhsypumping chamber, a virtually
shorter inertia track results. However, the momentpposite to the direction of the

pumping chamber acts in reverse. In general, the @i the inertia track contributes to
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the location of the notch frequencies directly, andthe damping coefficient indirectly.
The effect of the inertia track size on relocatthg notch frequencies is similar to the
effect of compliance. In other words, increasing thertia track size decreases the
natural frequency.

The simulation results of the current input projmmal to the acceleration are
provided in FigureB-6, where a negative acceleration signal is engaloyAccording to
the simulation, the first notch frequency is movedhe right. As expected, the location

of the second notch frequency is not changed.
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Figure 8-6: Dynamic stiffness response of the current praptional to the bushing acceleration
feeding (simulation)

Figure 8-7 portrays the experimental results for this tygfeinput. In this
experiment, the location of the first notch freqeyems changed from 5Hz to 54 Hz
Although the damping changes at this notch frequenight not be visible, the phase

response clarifies the change. In fact, the phasponse of the original response has a
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smaller slope compared to the other phase respwhs# means that the damping is

decreased.
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Figure 8-7: dynamic stiffness response of the current pragtional to the bushing acceleration
feeding (experiment)

8.3 Complex Transfer Function Feeding

Now that the effect of the elementary input sigoal the dynamic stiffness
response is observed, more complex transfer fumctoe used to demonstrate significant
capabilities of the active hydraulic bushing syst@ithe transfer functions here are the
same as the ones in SectibB, where

T, =K, C,(3I$- Rs 1)

amp
The first transfer function i$f; in (7.6). So far, all the signals shift the firgitch
frequency to the right. As explained Secti@r8, Tf; moves the pumping chamber

pressure to the left. It is expected tAdt performs similarly to the dynamic stiffness
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response. Three elementary signals are the comfsoatnf;. Based on the coefficients
of the different components and the preliminarydss in the previous section, the
resultant transfer function should have a longertia track, more resistive force to the
fluid motion, and less dynamic capacity. As a regbk final isolator is equivalent to the
one with a smaller first notch frequency and highamping.

The simulation results of thE; feeding are exhibited in FiguB28. According to
the dynamic stiffness curves, the first notch fiestpy is moved to the left. As expected,
the location of the second notch frequency remairisuched. From the phase response,
it is concluded that the damping of the systeneduced. This occurs because the slope
of the ascending part of the phase bump inlthéeeding case is smaller than that of the
original response.

The experimental results of tié feeding are also given in Figuge9, where the
experimental results agree with the proposed madlieah model and simulations. In
fact, the first notch frequency in tfid# feeding is moved from 5Hz to 49Hz Although
this is not clear in the dynamic stiffness resporms®vever it is evident in the phase
response.

Similar to the pressure response of the pumpingnblea, the feeding inputs can
be set to affect the dynamic stiffness responstheénfrequencies other than the ones
located in the two notch frequency regions. Thaudee gives the isolator the capability

to handle more complex vibration disturbances.
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Figure 8-8: Dynamic Stiffness response subjected f; (simulation)
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To examine such a capability, the saffiein (7.7) is used. The Bode plot ok is
given in Figure7-9. This transfer function has two notch frequeaat 184z and 29Hz
The dynamic stiffness simulation results are degiah FigureB-10. A new peak appears
in the dynamic stiffness response of the systembiedf, This peak corresponds to a
bump in the phase response. Obviously this pedkeas not occur at the same frequency
region as that off,. Back to the dynamic stiffness equation (8.2%alh be said that the
different components of the equation together amchfthe final response. That is why
the new peaks location are not exactly the sambeaactual notch frequencies location
of Th. It is also noteworthy that the first notch freqog of the original response moves
due to therTf, interaction. In fact, amplifying the input sigrmalgnifies the share of the
Tf, in the dynamic stiffness transfer function and stoains the peaks close to thé
notch frequencies.

The experimental results in Figugell agrees with the simulation results. The
notch frequencies of the new peaks are happeni2 and 31Hz. The reason that the
second notch frequency of; is almost preserved in the final dynamic stiffnessponse,
is that, mathematically this peak belongs to thaod@nator of Tf, and as a result,
remains unchanged in the resultant dynamic stiffreggiation. The experimental results
of the Tf, feeding signal indicates that by tuning the inpansfer function parameters,
the newly created peaks can be moved to any spécffiequencies. The damping
coefficients of the active hydraulic bushing atdbdrequencies can also be set by tuning
the term s multiplier in the input signal transfenction. Moreover, even more complex
dynamic stiffness responses are achievable byidgfthe appropriate transfer function

for the input signal. To show this capability, tfg in (7.8) is combined witfif,.
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Figure 8-10: Dynamic Stiffness response subjected 1d; (simulation)
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Figure 8-11: Dynamic Stiffness response subjected 1d, (experimental)
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The experimental results of this input signal gopagent in Figure3-12. In the
dynamic stiffness, two new notch frequencies apped6 and 1¥Hz, demonstrating that
the notch frequencies affect of th& in the dynamic stiffness response. The new peaks

do not occur at the notch frequenciesTéffor the same reason as that explained for the

Tf, case.
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Figure 8-12: Dynamic Stiffness response subjected Td;and Tf; (experimental)

8.4 Summary

The dynamic performance of the active hydrauliching is discussed in this
chapter. The mathematical model completely matthése experimental results as that
of the Chapter 7. The elementary input signals fprional to the displacement,
velocity, and acceleration) are investigated fif$te mathematical model for each case is
derived and some predictions are made based aeghiant dynamic stiffness equation.

Then, the predictions are validated by the expertaieresults. It is proved that the
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elementary input signals not only relocate thet firstch frequency, but also satisfy the
required damping at that frequency. More complgrals, derived from the combination
of the elementary inputs, are fed to the activeréwiit bushing in the form of transfer
functions. It is concluded that the active systesm successfully produce a complex
transfer function in any required frequency. ThygHe utilization of this active isolator,

more complicated vibration patterns can be isol&t@u or to the engine.
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Chapter 9: Design and Fabrication Difficulties

In addition to the design and assembling problaehesnature of the work imposes some
other difficulties in preparing the prototype. The& entrapments and the MR-rubber

compatibility are among these problems.

9.1 Air Entrapment

Any air bubble inside the bushing introduces anottegree of freedom to the
system by acting as additional compliance to thehimg dynamic stiffness response. It is
because air is a compressible material. In additioadeling such a compliance is so
difficult, since the problem becomes highly nonéinand function of various parameters
such as the air bubble size, location and temperate

To avoid such a problem the unassembled bushingp@oents are submerged in
a basin and then rubber component is press fitide the aluminum block. However, in
practice even after repeating the process sevarastthe air bubbles are still present, as
shown in Figured-1. The reason for the air bubble existence insystem is the very
narrow MR valve. Actually, the water (or MR fluidan not provide enough buoyancy
for the air entrapped in that valve to leave it.

The other method which is attempted later is to it bushing the bushing
assembly on the shaker. Although this additionate@y works, it was decided to put
another hole on the bottom of the bushing and rentle air bubbles by applying a fluid

force to make the bubbles leave the MR valve ahdrgtlaces they are entrapped in.
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Figure 9-1: Air bubble problem of the prototyped semi-actve bushing

9.2 MR- Rubber Compatibility

The other design problem is the rubber and MR flodnpatibility. In practice, the
natural rubber swells in the presence of the MRIflThis phenomenon is observed in
the preliminary experiments. Figuée2 denotes the defected (right) bushing and a new

bushing (left).

Figure 9-2: A healthy hydraulic bushing (left) and a defeted bushing with the MR fluid (right)
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Since the MR compatibility problem is not solvdtltie end of this investigation,
the best way to deal with the problem is to incldd&erent coatings and study the weight
increase in each case. In the experiment, the afdsar roughly similar pieces of rubber
is measured after they were coated with a speeaialdn. The coated rubber specimens
are submerged in the MR fluid for approximately tweeks, the mass is re-measured to
identify which coatings prevent the absorption g MR fluid. These results illustrate
that a silicon coating is superior by only 15% @&ase of the mass, compared to the
control specimen (marked CTRL) which is increasg@®%. Figure-3 shows the test

specimen and the result of the experiment.

Figure 9-3: Test results of the different coatings for MRcompatibility

As the experiment suggests the best choice focdla¢ing is silicon. The other
good thing about the silicon coating is that ivésy flexible and doses not crack when it

is subjected to deflection. Figu®e4 displays bushing after it is coated.
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Figure 9-4: The coated Hydraulic bushing with silicon
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Chapter 10: Conclusions and Future Work

The purpose of the investigation described inttesis is to design an isolator for
the VDE system. Semi-active or active engine mgshiare required to meet the new
performance requirements associated with cylindsmctivation engines. When the
Engine Control Unit (ECU) changes the number oinclgrs firing, the magnitude of the
forcing changes. This new situation requires d#ifer bushing properties for better
isolation. Also, the transient vibrations resudtiftom the torsional loading during the
process of activation and deactivation cylinderedné be better controlled with this
isolator. Actually, the VDE systems require a gsftlator for the cylinder deactivation
mode. However for normal engine operation, thequarnce of the existing hydraulic
bushings is sufficient. As a result, the goal o thesearch activity is to design a
switchable engine bushing to deal with the nornmal eylinder deactivation modes of the

engine at the same engine bushing isolator.

In addition, the structure of a conventional hydicabushing is discussed in
details in this thesis. The rubber property oftiigdraulic bushing is a passive parameter.
Here, the optimization methods facilitate the swbecof the suitable property for the
passive components. These optimization technigeed some cost functions, defined by
the ideal performance required. Chapter 1 of thesithdeals with the optimization
process to find the damping and stiffness of trealigpassive isolator. The force and
displacement transmissibility are the cost funiand the RMS technique is applied in
both the frequency and time domains. Base exditatiobalanced forces, and harmonic

forces are the cases studied in the optimizatioogss in the frequency domain. For the
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base excitation, the simulation results revealekistence of an optimum damping ratio
which minimizes the RMS of the acceleration. Simttathe base excitation, it is found
that the harmonic and rotating unbalanced forcighehave an optimum damping ratio
which minimizes the RMS of transmitted force. Hue time optimization, the step, pulse,
and harmonic inputs are used. Although the optinvaitnes of damping are found for
some cases to minimize the force and acceleratamsiissibility, the results can not be
generalized. It is recommended, though, that theSRdptimized parameters in the
frequency domain are more reliable since they ssmethe average of the cost function

response.

In addition to the passive rubber block, hydrawmmponents are the other
important aspects of conventional hydraulic busking mathematical model of the
entire hydraulic bushing is given in Chapter 3. @gaamic stiffness equation, which is a
key factor in designing the isolator, is derivetheThydraulic bushing dynamic stiffness
transfer function is validated by performing expeents. The experimental results of the
dynamic stiffness response reveal a soft regiodovatfrequencies and a hard region at
high frequencies. A conventional hydraulic bushings from a soft isolator to a hard
one at its notch frequencies. It is evident from tathematical model that a short inertia
track extends the soft region to higher frequenwaikie a long one limits that frequency

region.

Based on the knowledge provided by conventional rdnlcc bushing
investigations, a short inertia track is employe@xtend the frequency region of the soft
isolation. The mathematical model for such an iteolas derived in Chapter 4. An

experimental test bed is constructed. An exteraalgtiance chamber is manufactured to
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prove the short inertia track concept. As expedieel,dynamic stiffness response of the

hydraulic bushing with the short inertia track rémsasoft for the higher frequencies.

The problem associated with the short inertia tiadke low resistance applied to
the fluid motion. An MR valve is designed in Chapte to satisfy this critical
requirement. The advantage of using MR fluid toat#ethe damping is its minimum
interaction with the physical characteristics a# tholator. The design of this MR valve
allows an ideal alignment of the iron particles. 8Asesult, even a small electrical current

Is sufficient to produce the required damping.

The design of an alternative active bushing is a@sscribed in this thesis. In
designing the active isolator the focus is on tgnthe pumping chamber pressure
response. Different aspects related to the falioicand modeling of this active chamber
is discussed in Chapter 6. The actuator of thisvecthamber is composed of a
permanent magnet bonded to a flexible diaphragmaasdlenoid coil. The equation of
motion for the permanent magnet is derived andahzed. The dynamic performance of
the active chamber is tested by applying elemer{fagportional to the position, velocity
and acceleration of the bushing) and complex (temnsinctions) current inputs. The
experimental analysis confirms that the pressusal@enthe chamber linearly follows the

current input signal.

Chapter 7 deals with the pumping chamber pressangrol. First, the active
hydraulic bushing is mathematically modeled. Thiditg of the mathematical model is
confirmed by testing the active hydraulic bushingdifferent elementary current inputs.
Then, more complex current inputs are used to exarmather capabilities of the active

isolator.
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The dynamic stiffness response of the active hyarédushing is a determined in
Chapter 8. The mathematical model, derived in Ghapt is used again to find the
dynamic stiffness transfer function. It is showmttthe active isolator is successful at
controlling the damping at the peaks of the dynastiftness response, and the shifting of
the notch frequencies. The active hydraulic bushenglso able to create any dynamic
stiffness response at specified frequencies byyappthe appropriate transfer function to
the input current. This feature renders the acbushing suitable for more general

vibration applications than the engine isolator.

Some of the difficulties and concerns that causeldydin the project at some
stages are listed in Chapter 9. The air bubblesjement and MR-rubber compatibility

caused the majority of the problems.

The next phase of this project is commercializabbthe semi-active and active
hydraulic bushings. The semi-active and the adbushing parameters should be fine
tuned through numerical and experimental studieBe Tesign, fabrication, and
performance of the final prototype should be imgwo closely meet the required
specifications. The active chamber and the MR valvauld be miniaturized and placed

inside the bushing assembly.

In the future a microprocessor and/or engine coerpbised control system
should be designed and fabricated for the finaktpral application. Low-cost and
practical sensors must be selected to provide teddbo the control system. A sensor
minimization study should be conducted to ensuewdilable information such as engine

throttle may provide enough information to elimm#te need for sensors altogether.
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The prototypes should be tested for all standasts fgncluding quality assurance)
required approving a commercial bushing. The dyocaest should be performed on an
MTS 831 high frequency elastomer dynamic charazd@an test machine from 0 to
400Hz, 0 to 2mm displacement peak to peak withptfedoad from 700-2000N. Single
axis durability testing should be performed on amS9v810 elastomer durability test
machine at 3Hz, rated preload, +/-3g, and for llionilcycles. Triple axis simulation
(RPC) testing should also be developed on an MTchaBmel durability test system,
based on road load data acquisition (RLDA) filesnfrthe target vehicle platform.
Bushing target will be three parts tested to thiress, or six parts tested to one life. One
life is typically approximately 100-130 hours ofatdime testing (based on RLDA files

that have been edited to remove non-damaging cpnten
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