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Abstract

This thesisstudesin detail the dynamics of ball scrdeeddrives andexpand understanding of the
factors thatimpose limitations on their performancehis knowledge is then used for developing
control strategies that providadequatecommand following and disturbance rejectiodigh
performance control strategiggoposed in this thesiare designedor, and implemented gqna

custommade ball screw drive

A hybrid Finite Element(FE) model for the ball screw drive is developed andetbih Matlab
programming languageThis FE modelis employed for prediction of natural frequencies, mode
shapes, and Frequency Response Functions (FRFs) of the ball screw setup. The accuracy of FRFs
predicted forthe ball screw mechanisraloneis validatedagainstthe experimental measurements
obtainedthrough impact hammer testiridext, the FE model for the entire test setapalidated.The
dynamic characteristics of thactuatorcurrent controller aralso modeled In addition,the modal
parameter®f the mechanical structure are extracted from measured, Rk include the effects
of current loop dynamics.

To ensure adequate command following and disturbance rejedtiee,ntotion controllers with
active vibration damping capabiligre developedrhe first is based otihe sensor averaging concept
which facilitates position control of the rigid body dynamics. Active dampirggéedto suppress
vibrations.To achieve satisfactory steady state respoiméegral action over the tracking error is
included The stability analysis anduning procedure for this controllés presented together with
experimental results that prove the effectiveness of this method irspégid tracking and cutting
applications.The second designsesthe pole placement techniqt@ move the reatomponent of
two of theoscillatory polesfurther to the left along the real axis. This yields a faster rigid body
response with less vibratiotdowever, the time delay from the current loop dynamics imposes a
l'imitation on how much the poles can be shifted
To overcome this issue, a lead filter is designed to recover the system phase at the crossover
frequency Whendesigningthe Pole PlacementController (PPC)and the lead filter concurrentlihe
objective is to minimizeéhe load side disturbance response agdmestisturbances his controller is
also tested in highpeed tracking and cutting experiments. The third control method is developed
around he idea of using the pole placement technique for active damping of not only the first mode

of vibration, but also the second and third medes well. A Kalman filter is designed to estimade



statevector forthe systemfrom the control input and thpostion measurementsbtainedfrom the
rotary and linear encoderBhe stateestimatesare then fed back to the PPC controli&though for
this control design, promising results in terms of disturbance rejection are obtained in simulations, the
Nyquist stability analysis shows that the closed loop system has poor stability marginmsprove
the stability marginsthe McFarlaneGlover robustness optimization methsdattempted andas a
result the stability marginsare improved, but at the cost of degraded performantée practical

implementation of the third controller, was, unfortunately, not successful.

This thesis concludes by addressthg problem of harmonic disturbanogectionin ball screw
drives. It is shown thdor cags wherea ball screw drive is subject to higrequency disturbances,
the dynamic positioning accuracy of the ball screw dice® be improved significantly by adopting
an additional control scheme known as Adaptive Feedforward Cancellation (Afe@ils of
parameter tuning and stability analysis for A&@ presented. At the end, successful implementation
and effectiveness of AF{S demonstratedn applications involving time periodic or spaceripdic
disturbancesThe conclusions drawn abaihie effeciveness of the AFC are based on results obtained

from the highspeed tracking and endilling experiments.
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Chapter 1

l ntroducti on

In recent decades, there has been aniagezasing demand from machine tool customers for higher
productivity and tighter machining tolerance$he continuous progress ideveloping high
performance cutting tools, spindjefeed drivesand accuratesensorshas enabled machine tool
builders torespond to thismarket demandeffectively. Neverthelessin order to get the best
performance out of a mahine tool,motiors of the feed drivesneed to becontrolledwith maximum
accuray. Thisgoalcan be achieved through design and implementation of controthatsovidea

wide command tracking and disturbance rejectiamdwidth, and are robust agaimatiations inthe

plant model A wide command tracking bandwidth is especiatigcessarywhen the reference
trajectory is norsmooth or changes rapidiyn this regard, moddiased feedforward inversion
techniques arevery effective andhave been used exisively Achieving a wide bandwidth for
disturbance rejection is even more importémimostpractical applications, the positioning errors are
predominantly correlated with disturbanc&hkerefore, the control law should be designed in such a
way to atenuatethe effect of disturbancess much as possibl&nowing the characteristics of the
disturbanceinvolved in a particular application is helpful in this resp&iverthelessa controller

with a high bandwidth for disturbance rejection can succdlyshandlea wide range ofinknown
disturbancesOn the other hand, design of such a control law requires thorough understanding and
accurate modeling of the dynamics of tlmntrolled plant. Since the feed drives are
electromechanical systentmth electical and mechanical subsystems need to be modeled carefully.
In particular, ball screw feed drives have a mechanical structure with multiple resonance modes

These modeBnpose serious limitations on the achievable control bandwidth.

This thesis studieaccurate modelingand control law desigrior ball screw feed drivegilthough
the machine tools used for metal cutting are the primary foctisis thesis, the proposed control
methods are also suitable fase inother industrial applications such aswanufacturingequipment,
robots, material inspection equipment and soloerChapter 2, different methods for modeling the
mechanical structure of a ball screw feed dawereviewed Thesemethods vary in complexity from
a simple rigid body model, to m® complicated continuum mechanics and finite element models that
are capable of capturingt least the most critical mode of vibratidBspecially, the finite element
method provides a powerful framework foot only predicting natural frequencies and mathapes
but also capturing the effect of moving table on the dynamic response of the feed mechartrsm.
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end of this chapter, the literature related to modetihffiction and periodic lead errgravhich are

important sources of disturbance in ball screw drils®viewed.

In Chapter 3the Finite Element (FE) methoid employedto predictthe dynamic response of a
custommade ball screw feed drive that is desigreedl builtin the Precision Condts Lab at
University of Waterloo. The accuracy of the FE predictions are verified against the Frequency
Response Function (FRF) measurements that are taken either through impact hammer testing, or
sending steppesine excitation signals to the matandrecording the response from the encoders. In
the latter case, the dynamics of the electrical subsystem, which is in charge of regulating the current,
also contributes significantly to the measured FRRwrder to account for that contribution, the
propotional and integral gains in the current regulation loopaamoximatedsuch that a best fit can
be attained between tlexperimentally measured and modelRF of the current regulation loop
The delays due to PWM switching and digitalanalog conveiens are also considered in modeling
the current regulation loop

In the finite element code developed foodal analysis of the ball screw drive, 12 degrke
freedom Timoshenko beam elements are used for modeling the sftaétywwhilethe ball screwnut
interface is modeled as a special 12 degifedfieeedom spring. The formulation of this element is
derivedfrom Okwudire in[1]. Other parts including the table assemihe coupling and the motor
shaft aremodeled as lumped masses. Stiffness characteristics of the bgiaritigsform of lumped
springs are also incorporated in the FE mod&though the developed FE model has not been used
directly for controller design in this thesis, it gives a valuadeght into the factors that influence the
dynamic behavior of the ball screw drive. This knowledge is useful for optimal design of feed drive
components, and also gives a hint about the range of parameter variation in the nominal plant when

the table ismoving.

In Chapter 3three different control design ideas are investigated for position control of ball screw
drives. Two of these methods were developed based on the assumption ghassvmodel for the
plant. This model adequately captures the first mode of vibration vighible most critical in terms of
controller design. In the first desigmtary and linear encoder data, representing the location of each
massin the twemass modelareappropriately weighted armbmbinedto calculatethe location of the
Center ofMass(COM). Although thepossibility of usingthe COM location feedback iposition
controlersfor ball screw drives is mentioned [i2], the novelty of the present worktlse integration

of active vibration damping,na load side position control with COM location contrbd achievea
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reasonablecompromise between the competing effects of each of these controllers, the load side
disturbance response of the plant under closed loop control is formwate@valuatediératively.
At each iteration, a systematic approach based on loop shaping itousetkrminethe controller

gains.The effectiveness of this method is shown in cutting and high speed tracking tests.

A new contribution of this thesignplemented in thaecond design, is the consideration of loop
delays and direct optimization of the disturbance respdisephase delay contributed by the power
electronics is compensated, by applying loop shaping principles in conjunction with pole placement
control. Ths helps to improve the worst case dynamic stiffness by 33%, oveoftlaat earlier
desigred controller with active vibration damping]. The desigralsodirectly targets minimization
of the load side disturbancesrp onse agai nst cutting forces. Thi
disturbance rejection across the frequency spectrum, rather than only making a local improvement at
the expense of worsening the dynamic stiffness at another frequency.

In the third designin addition to the firswibration mode, the second and third modes are also
targeted for active dampingA Kalman filter is designed to estimate thequired states forthe
feedbackcontrol law The statefeedbackgain is determinedusing the pole placememtesign.
Although in simulations, thiscontrol law can be tuned to genergbeomising results, the Nyquist
stability analysis indicates that die plantmodel mismatchthe control gains designedfor good
vibration suppressiodedabilize theactualplant To improve stability, a robustifying filter is added
to the control loop, following the approach proposed by McFarlane and (d¢veinfortunatelythe
additional dynamicsntroducedby this filter impairsthe performance of the controller in vibration
suppressionUnfortunately, this controller did not yield successful experimental results. Frequency
domain disturbance response analyses also predict that this controller would enpietfavmed as

favorably as the earlier two methods

In Chapter 5,a special control technique called Adaptive Feedforward Cancellation (AFC) is
employedfor rejection of harmonic disturbances.ball screw feed driveshé harmonic disturbances
enter theclosed loop system in a number of different ways. Most commonly, dhiginate from
periodicmilling forces, but, even in high speed-airtting movements, they are present due to lead
errors and encoder rwout. The AFC compensator is integrated withmain controller to reject
harmonic disturbances of known frequency. The frequency of the disturbance is calculated from the
commanded spindle speed in milling applications, and from the reference velocity ispbiggh

tracking applications. The tuning medure for the control system is explained, and the results of
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metal cutting and high speed tracking experiments with AFC are presetagh confirm the

effectiveness of the proposed method.



Chapter 2

Literature Review

Since the advent othe first numericaly controlled machine tool in 195Zhe mathematical
development of control theoglong withtechnological advances in constructimgher performance
actuators, sensors and motion delivery mechanisssontinuallypushed the envelop# achievable
positining accuracyin metal cutting.In the early days othis technology an analogproportional
amplifier usedo be implementeds the servo controllevhile every attempt was made to build the
machinetool structure as rigicas possiblg5]. It was understood that to obtain a stable control
system, the closed loop bandwidth had to be kept well below the natural frequency of the mechanical
plant [5]. Although this condition was not deemed to be too constraining at that timejothe
toward high speed machinimgthe following decades changed that mindisastically On one hand,
the rapid progress in development of powerful actuatedsto the realization of high acceleration
movements in machines built out of lightweight materjéiJs And on the other handhe growth of
computational powemade it possible to run complicated conttgorithmsin real timewith high
sampling rateg7]. These advancementsve motivated the design diigh-bandwidth controllers
capable of following rapidly changing commanahkile attenuating wide spectrum of disturbances
To fulfill this objective,research on detailed armigherorder modehg of the electremechanical

feed driveshas been ongoing for years.

In this chapter, thavailabletechniques for modeling of baltrew feed drives afest reviewedin
Section2.1 Then, someelevantcontrol strategies are discussedection2.2 And finally, a special
class of controllers intended for rejecting disturbances of a particular frequeatieisedin Section
2.3 These controllers aieplementedo minimize the detrimental effects of harmonic disturbances

on the positioning accuracy of feed dsyespecially at frequencies above the closed loop batbllwi

2.1 Modeling of Ball Screw Drives

Ball screw mechanisms have been widely used in thénimacool industry for convertingotary
motion to linear motionCompared to linear direct drives, they are less experainedue to their

inherent gearing ratio, provide more tolerance againstrieestvariations[8].

To accuratelysimulate the dynamic response of a ball screw ditvis crucial to have reliable

mathematical model®f electo-mechanicalcomponentsthat constitute the controlled plann
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addition,incorporatingaccuratemodels of disturances such as cutting forces, friction and lead errors
candramaticallyimprove thesimulationresults. Thereis also aother aspect of dynamic modeling
which relatesdirectly to the controller design. From thigspect the complexity of themodeledplant
depends on the performance requiremerfitthe controller.ln some circumstances, a simpigid
bodymodel of a ball screw drive may be sufficient for the purpose of control design, whereas in other
situations a detailed higher order model may lm=ssary.

In the following subsectiondirst, the literatureon different methods of modeling ball screw
mechanismis reviewed. Thenmodeling attempts for some important system nonlinearities and
disturbances such as friction and lead errors are regiewe

2.1.1 Rigid Body Modeling

When the intended closdédop bandwidth of a babcrew driven feed drive is less thfifth of the
frequency of the first obseable mode of vibration, it is reasonable to use a rigid body model of the
ball screw mechanism fdahe purpose of controller desig®]. In a rigid body dynamic model, the

transfer functiorthat relates the velocity response to the input torque is of first:order

W) =——( tTy) (2.1)

Above, wis the output velocity, is the reflected inertia on the motor shaitis the lumped viscous
friction coefficient, t is the input torque andyis the disturbance torqud@he value ofJ can be

calculated analytically based on the kinetic energy of the entire transmission medi@ftism

J=J H,
‘]S:Msﬁ
2 (2.2)
n=mE
¢2p =

Where M and M| are successively the mass of the screw shaft and the mass of thé indde

lead, andr is the equivalent radius of the screw shaft. In contrast, it is very difficult to derive a
formula for calculation of the viscous friction coefficier® ) based on first physical principl¢sl].
As such, experimental identification techniques are proposed in the literature for estimating the values

of Jand B. Erkorkmaz and Altinta$l2] implemented a timelomain identification algorithm to



estimate the rigid body model parameters using the method of least sd@wresfining their

formulation they could alsadentify the Coulomb friction coefficients simaheously.

After rigid body model parameters are identified, they can be used in simulations or eontroll
design However, as mentioned earlier, this approach of modeling is suitable for a certain class of
applications in which the frequency content ld tontrol or disturbanceignals does not excite the
system resonances. If this assumption is not valid, more complicated models that account for

structuralflexibilities have to be use@swill be discussed in the following sections.

2.1.2 Lumped Mass-Spring-Damper Modeling

To account for mechanicalflexibilities, lumped masspringdamper models have been used
frequently in the literaturen particular the two-mass mode{Figure2.1) has been extensively uke

to representhe dynamics of ball screw drivg8, 13-17]. This modelhas physically meanngful
parameters which makéssintuitive and easy to understand. Figure 2.1, m; and m represent, in

order, the inertia of the rotating and translating componevitere h and b are viscous friction
coefficients and k and cepresenthe overall stiffness and damping between the motor shaft and the
load The control force is denoted by u, and disturbances on the motor and load side are represented
by d; and g.

X1 )
T I [,
— 2
ml E m2 —
dl / C ’
bl b2

Figure 2.1: Two-mass model.

Higher order multimass lumped models are proposed-bgy et al[18] and Holroyd[19]. These
multi-mass models are conceptually an extension to thertsgs model, and are capable of capturing
more vibration modesAlthough lumpedmass models are expedient in terms of simulation and
control designthe variation of their parameters with respect to drive position (or machine position)
may need to beonsidered in order to update the model as requiadicularly, in a ball screw
mechanism, the relative location of the nut with respect to the screw shaft affects the lumped
parameters significantly. Therefore, to have reliable models, experimentahiidication of the
parameters becomes necess@igwudire[20] and later Gordon and Erkorkm§l] implemented a

least squares identification technique to extract thenas model parameters from measured FRF
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data.This technique is adopted in this thesis for identifying the mechanical parameters of a ball screw

setup used inontrol law design and validation

Another approackor representing the dynamics of ball screwislecompose it into dynamics of

rigid body, a real pole armultiple second orderesonators in the frequency domain:

_ 1 N R,
G(S)_S(JS+ B 42152+22n\5 %

(2.3)

The shortfall of this method is that the identified parameters lack a straight physical interpretation.
Ewins [22] presented sever&ingleDegreeof-Freedom $DOR and Multiple-Degreeof-Freedom
(MDOF) methods for mdal parameter estimatidinom measured FRFlata These methods are
nowadaysadoptedin commercial software packages for modal analystampomane$23] used
SDOF Rational Fraction Polynomial (RFP) metH@d] to identify dynamics of a machine tool
structure A similar approach is followed in this thesis to obtain a kigtier model for the ball screw
drive in SectiorB8.4.2

2.1.3 Continuum Mechanics Based Modeling

Dynamic deformations of a ball screw system can be most accurately midtelegh equations of
wave propagation in an elastic medium (i.e. the screw)shi&is problem wasddressed if25] for

a flexible shaft subjected tgeneral linear boundary conditions at both efide authorsapplied the
Laplace transform to the partial differential equation of wave propagatiod derived after
imposing the boundary conditionan infinite dimension transfer functiasapable of capturingll
torsional modes of vibratiorHowever, they did not consider tlaial deformations of the shaft

which is particularly important in bledcrew drives.

In contrast, Varanasi and Nayfej11] included the longitudinal wavepropagationand the
correspondindpoundary conditioni their formulation Theyalsoformulatedthe boundary condition
imposed by the screwut interfaceTo obtain a reduced order model, they implemented the Galerkin
method[26] using the semstatic deformation as the assumed mode shagmwing this approach,
they derived a -DOF reduced order model and showed that in addition to a pair of complex
conjugate poles that characterize the fi@inantmode of vibration, the resulting model also has a
non-minimum phase zero.Their method was shown to result in reasonable estinudtése first

natural frequency; howeverthe mathematicalderivation of it was complicated and tedious.



Moreover,it only capturedonemode of vibrationwhich may beinsufficientwhen a more thorough

model, able to capture higher frequency dynamiaggaired

To overcome the difficulties mentioned above, more sophisticated discretization methods have
been proposed in the literatumehich are capable of capturing several relevant vibration mdides.
most widely used method in this categasythe Fnite Element (FE) method which is the subject of

discussion in the following section

2.1.4 Finite Element Modeling

The finite element metholdas proverio be one of the most powerful methodgpnedictingelastic,
thermal and moddiehavior ofmechanical structurg27]. Van Brusselet al [28] used this method to
derive modalmass and stiffnesmatricesfor building blocks of a threaxis milling machine. They
nextcombined the reduced order models of these componeokiaim asinglemodel for the whole
machine tool Although they could successfully implement the reduced order model in simulations
and control design, the initial FE model that they endedrapting had thousands of degrees of

freedom which made it computationallery expensive.

To avoid large scale finite element matrix problessme researcheasiopted dybrid FE appoach

In this approachobserving thathe screw shaft has a dominant influence over the modal behavior of
the feed drivejt is modeledas a flexibledistributedmasscomponent and discretized by FEM,
whereas other components are modeled as lumped mass or stiffness €Eige@?.2).

screw-nut

N interface table
coupling

T

- uideways
g y

radial

rotor frame thrust nut ballscrew hearing

bearing fastener
Figure 2.2: Hybrid FE model of a ball screw drive[29].

Smith [30] followed this approach toalculate the eigefrequencies of a feed drive. He used Euler
Bernoulli beam elementbut allowed only axial and torsional deformations by removing degrees of
freedom corresponding to lateral displacemehis.alsoused alumped stiffness elemenwith 3

degrees of freedonfor connecting the nut to the screw shafamalzadeh[31] took a similar
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approachbut modeled the nut and table as an equivalent rotational mass which was connected to the
screw shaft by a torsional spring. Zaeh ef2] expanded the E analysis to include the bending
modes of motion andrgued that 2-DOF spring element cannot sufficiently capture the dynamics of

the screwnut interface.lnstead they showed thata general three dimensionaR DOF stiffness
elementwould provide a mar realisticmodel of the forces and torques transmitted through the
screwnut interfaceln formulating the stiffness matrixthey consideredirect stiffness termas well

ascross terms coupling the axial and torsional movememd negleced all other crosscoupling
effects.Later, Okwudirgl]r evi sed Zaehos f or notdnlgaxial and torsiondl s howed
movements are couplegether, but they are also coupledibtending deformations as wele
experimentallymeasuredthe mode shapes and eigeaquenciesof axial, torsional and bending
modes and showed that the predictions from his FE model are reasonably close to the measured
values.Dadalau et al[33] investigated the contribution of the helical groove on the surface of the
screw shaft to the mass and stiffness properties of the beam elements used for FE .ntteleling
analytically derived the area and polar second moment of area of the screw shaftatimssasal
proposedan experimental formula for manipulating these parameters based on the pitch of the screw

shaft to get more accurate FE predictions.

In Section3.3 of this thesis, a detailed finite element model of the ball screw setup used in our
experiments is developed by adopting the most recent and advanced modeling techniques laid out in
the literature[l, 33]. While the FE model is too complicated for control law design, it provides

valuable insight into the dynamic response of the feed drive.

2.1.5 Modeling of Friction

In machine tools, friction deteriorates the positioning accutacyacing as a disturbance force
opposing the motianThe steadystate error caused by constant disturbances can be effectively
eliminated by using integral action in the controller. However, the output of the integral Gatiowot
instantly change sigwhen tle direction offrictional forceis reverse, and henceluring motion
reversalsthe integral action makes the detrimental effect of friction even wawseto incorrect

compensatiof34].

For lubricated metato-metal contacts, the transition between-giding to gross sliding regime
occurs at two intermediate phases: boundary lubrication and partial fluid lubrigd&ipnin the
boundary lubrication phase, the relative velocity of surfaces is low and a consistent film of lubricant

cannot be created between the moving surfaces. As relative velocity increases, formation and
10



expansion of the lubrication filthappens graduall In the partial fluid phase, the lubrication film is
still not thick enough to completely separate the sliding surfaces. Eventuathe full lubrication

phase (i.e. gross sliding) the two sliding surfdeesome completely separated

During the pastlecades, a variety of models for friction in lubricated contact have been proposed
by researchers. Bee methods ramgrom simple static formulations (like Coulomb + viscous friction
model) to more sophisticated dynamic models. Armsti@5¢ proposed a sevgmarameter friction
model which is capable of capturing many observed frictional behasiicts aghe Stribeck effect,
frictional lag, time dependence of $ck friction, and sprintike behaviourof friction in pre
sliding. However, it cannot capture hysteresithpresliding, and stickslip behaviour irthesliding
regime To overcome thenentioneddrawbacks and develop a comprehensive formulation capable of
capturing as muctlof the frictional behaviour as possible, dynamic friction models have been
proposed in recent decadg6-39]. In dynamic modelsfriction is formulated asa function of an
internal state vectoe, the relative velocityx and the relative displacement

Fi =F(z.x,%) (2.4)

GeneralizedMaxwell-Slip (GMS) model is one of the most recent dynamic models proposed in the
literature[40]. In the GMS, it is assumed that the friction force is a summation of the individual force
contributions of Nelementay spring blocks, which are connected in a parallel manner, as shown in
Figure 2.3 This model has been shown to be capable of replicating a wide @hgbserved
frictional behaviors. Jamaludid1] experimentally identified the parameters of the GM&dleland

usedthis data to design and implementegdforwardfriction compensator

friction force, F,

/ position, z;
“W.-- L

Figure 2.3: N-elementary spring blocks of the GMS frictional mode[41].

Similar to sliding friction, the evolvement of rolling friction is also a {step process involving
pre-rolling followed by gross rolling. Many researchers have attributed the motion loss at velocity

reversals in mechanical systems with rolling elements to the transition betveeabove mentioned
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rolling friction regimes[42]. Ro and Hubble[43] addressed this problemvhen developing a
controller for submicron positioning of a precision slide system. Cuttino epddll performed three
dimersional finite element contact analysisc@lculatethe friction torque required for realizing the
relative motion of the balls in the prelling regime. Based on these results, they could predict the
torque and positioning hysteresis curvesdich are commonly observed in preloaded ball screw
drives Figure2.4).

0.001 0.0p15 0.001 0.0pis

Displacement (um)
Torque (Nmm)

FE Predicted Torque

FE Predicted Torque

-------- Exp. Torque -------- Exp. Torque

Screw Angle (rads) Screw Angle (rads)
() (b)

Figure 2.4: Hysteresis phenomena in aball screw drive (a) Analytical (FE driven) versus
experimental friction torque (b) Analytical (FE driven) versus experimental linear displacement
[44].

Otsuka and Masud@5] elaboratedbn the effect of preolling behavior(or nonlinear sprindike
b e h a \NBBd as théy termed itpn the frequency response of mechanical systems with rolling
elements. Theyshowedthat low-amplitude long-lasting free vibrations in devices with rolling
elementsare due to NSB

2.1.6 Lead Errors

If the lead parameter of a ball scrésv assumedconstant over itgroovedlength the nominal
displacement of the baftiut will be proportional to the rotation of the screw shaftwéwer, during
the manufacturing of a ball screw, whenish grinding is applied to bring the groove its final
dimensions, the shaft unwindasnd as a result, the leafl the spiral groovevaries slightlyover the
length of the shaff46]. Consequently, there will be a difference between tminal and actual
displacementvhen theball-nut travelsalong the screw shafThis difference is referred to #selead

error. Lead errors in general are comprised of cumulative and periodic compghignSumulative
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errorsfor each revolution of the shaft can be sufficiently represented by a quadratic fuA8tid9]

and then programmed into a CNC control unit in the form of a lookup tablompensatiorn46,

48]. The effects of the periodic componentstad lead errors and the methods for compensating those
effects are more complicated and challengiBgring high speed movements of the feed axes,
periodic lead errors manifest themselves as high frequency disturlvemcismay become amplified
inside the control loop and further deteriorate the tracking accura€gmalzadeh and Erkorkmaz
[13] modeled the periodic lead errors as an output type sinusoidal disturbangeoaonded a
feedforward compensatistheme. Their method assumes near perfect capability of the controller in
tracking harmoniaeferencecommands of desired frequen@nd may fall short if the sinusoidal
pattern of the errors changes over tif8ach changes can happen due to thermal mefiiwn of the

ball screw shaft or local wear and corrosion of the ball groove surface

One important contribution of this thesias detailed in Chapteb, is developing adaptive
compensation schemes for minimizing detrimental effects of lead errdhe tnacking accuracy of
ball screw drives. Specifically, Adaptive Feedforward Cancellation (AFC) methaqupled in order
to rejectharmonic disturbancefue to lead errors without a prior knowledge of the error amplitude or

phase.

2.2 Feed Drive Control Techniques for Wide Bandwidth

As mentionecearlier inthis chapter, the assumption afigid body plantsets a upperlimit for the
achievable control bandwidtfThat limit should be respected during controller design to obtain a
stablesystem However, inmany modern applicationspmplyingwith thatrestrictiondoes notead

to the desired performanc&herefore,developingcontrol laws that can interact with the flexible
dynamics in a stable mannkecomes inevitableThese type of controllers turn out have a high

bandwidth which results ingood tracking performandg0].

In order b widen the command following bandwidblant inversion can besedin feedforward
control Here attention must be paid tubtaining a stable inversiguarticularly becausgero-Order
Hold (ZOH) discretization of a continuous planith arelative degree of greater than tleads toa
nonrminimum phasaliscrete planf51]. Tomizuka[52] addressed this problem ppyoposng a Zere
Phase Tracking Error Controller (ZPET@nother approacproposed by Fujimot{53] is Multi-rate
Perfect Tracking Control (PTC)vhich is a statespaceapproachguaranteeingerfect inversion o

controllable plant at every input/output sample.
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Although implementingfeedforward control can make a significanimprovementin tracking
accuracy it does notprovide robustnesagainstunknowndisturbances or model uncertaintiég].
Therefore, the importance © feedback control inensumg good disturbance rejection and
performancaemains undisputedChan[55] used loop shaping techniq{f6] to design aeference
following non-collocatedfeedback controllefor directly controlling the position of the table anball
screw drive(x, in Figure 2.5). Her design was based on notching out the control signal at the
frequency of resonance. She also used double lead filters to providetadelgase margin (PM=30)
at the cross over frequency. Although using notch filters is effective in avoiding the cgtral
from exciting the vibration modes, ihay deterioratehe disturbance response {x./d) of the
control systemat around theesonance frequencyTo overcome this shortcoming, the control law

should be able to actively damp out thierations

d
(a) Ball Screw Drive
YooE | |
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Figure 2.5: Simplified ball screw drive model.

In Section2.2.1, the RPI cascade controllewhich is the standard industrial solution for control of
CNC machine tool$57], is introduced.In Section2.2.2 someextensions that can be added to the
main controller to further attenuate the vibrati@ans discussedSection2.2.3and2.2.4review two
methodsof desigring mode compensating controllerpole-placement and sliding mode control
Finally, in Sectior2.2.5previous literature on robust control of ball screws usingptimization is

reviewed.

2.2.1 P-PI Position-Velocity Cascade Control (standard industrial solution)

The difficulty in designing robust higberformance controllers fdvall screws stems from the fact

that the control input (motor torque) and performance output (table position) amliarated. In
14



such systems, the tradeoff between disturbance attenuation and robust stability can be mitigated by
adopting additional dimcated feedbacks8]. The utilization of motor rotational velocity in closing
the inner loop of Pl positionvelocity cascade contiels has been a successful solution in this

regard.

According to Ellis[59], P-PI controlles aretuned as followsbeginning from the inner PI velocity
loop, first the integrator gairfk;, ) is kept at zerandthe proportional gairfky, ) is increased until
overshootstarts to appedn the step respons&hen, the integrator gairk(, ) is increased until 5%

overshoot is observed in the response. After the inalecity loop the outer position loop is tuned
by simulatihg the response to a trapezoidal velocity reference trajectory. In this step, the proportional

gain (kpp) isincreagd until overshoots observedn the responsesinally, velocity and acceleration

feedforward terms are addedthe controllerto improveits tracking accuracy.

Ferretti at al[60] considered both command following and disturbance rejection performance in

tuning RPI gainsfor aflexible two-mass planfFigure2.6a).
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Figure 2.6: (a) Overall scheme of FPI control (b) He norm of G12 andG22 versus normalized

crossover frequency of the inner loo60].

To reduce the number of free parameters from thkgg, kpy, K, ) to one (. ), theyplacedzeros

of the closed loop transfer function one decade beloveriesover frequency of the inneglocity

loop (W, ). Theythentried toestablisha tradeoff betweenthe infinity norm of G, (from reference

command to load side position) ar@,, (from load side disturbance to load side position) by
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selecting an appropriat®rmalizedinner loop bandwidtliFigure 2.6b). This method ignores the fact
that minimizing the peakmagnitudeof a transfer function (i.e. thedHnorm), does not necessarily
signify a reduction inthe magnitude ofhe frequency responsacross all frequencies of interest.
Unfortunately, the design methodology laid dnt[60] was not verified experimentally, and the
simulation results presented shtvat optimal selection of, improvesmainly the transient response

of the load side to a cutting milling foroshereaghe steady state response reméessaffected

In this thesis, in Chapter 4, reew control design methodology is proposed that directly targets
minimization of the load side disturbance response against cutting forces. In contf@dy, twur
methodi mpr oves the balll ejedation acrossrthe Wrexj@escy spécsumuratiera n c e
than only making a local improvement at the expense of worsening the dynamic stiffness at another
frequency.The RPI control techniqués alsousedin Chapter 4as a benchmarlagainst whichnew
feedbackcontrol ideas developed in this thesis are evaluated.

2.2.2 Plug-in Type Controllers for Vibration Attenuation

Since mechanicalmodification of plant parameteffer the purpose of vibration reduction adten
impractical or too expensive, active methods of manipulating physical behavior havesssched
in the machine tool community as a eeffective alternativeSome of these methodénply add an
extra loop to the main controller, and therefare referred to aplug-in type controllersin this
section Ellis [59] showed that addingn acceleration feedback as proposed6ih, 62] has an
equivalent dict of increasing the motor shéafertia. Similarly, feeding back the difference of motor
and load speeds increases the effecamping[2]. The latter method wassedby Hosseinkhani and
Erkorkmaz[17] to improve the damping properties of a Center of Mass (CEijrolledball screw
systemKamalzadeh and Erkorkm@@3] usedthe difference of rotational positisattwo ends of the
screw shafas the feedback signa damp out torsional vibration§he downsidgof using plugin
type controllersare the additional cost thanay incurdue toadopting extra hardwarsuch asan
accelerometerand also the prospect of wasing the stability margins or loop gain at other
frequencies in situations where the main controller and th@adthmping may end up battling each

other.

2.2.3 Pole-Placement Based Vibration Damping

Poleplacement is a weknown technique foiplacing closedoop system poles (eigenvalues) at
desired locations in the-mane through using appropriate state feedback dg&#s The state
16



feedback gains can be calculated usih@ k e r ma n s 6[685] of a marel fobust method
documented iff66], which is also available in othe-shelf software, such as MatlaBordon and
Erkorkmaz[3] desigred a mode compensating pglcement controller for a twmass model plant
representing the dynamics of a ball screw dnine to roughly twice the frequency ofhe first
resonance They augmented the 4th order stafgace plant model with an additionalate
representing thantegral of theload-side position to enforce integral action in the control lawhe
ideathey took from low authority LQG vibration contrg67] for assigning the pole locationgas
increasing themplitude decay rativithout changing the damped natural frequeftagure2.7).
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Figure 2.7: Active damping of structural vibrations by pole placement.

— Closed-loop|

In Chapter 4 of this thesig simple and intuitive design strateigypresented, which builds upon
the poleplacement structure proposed[8]. In the new design, special attention has been paid to
direct optimization of the load side disturbance response against cutting #lsedoop shaping
principles are applied to handle system delays due to power electronics and the control césputer.
a result, the PPC controller designed in this thessa crossover frequenapughly two times higher
thanthat ofthe one in3]. It alsoprovidessuperior performance in term of disturbance rejedtion
wide frequency rangas can be concluded froRigure 2.8 which compareshe disturbance FRF of

the two controllers
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Figure 2.8: Disturbance FRF of the PPC controller designed inthis thesis versughe one in[3].

2.2.4 Sliding Mode Control

Sliding Mode Gntrol (SMC)is a variable structure control technique first proposedtkin [68]. In

this method the trajectory of state errors is driven onto a designed sliding surface. However, the
initial version of SMC suffered from discontinuous switching around the sliding surfalotine and

Li [69] addressed thiproblem and proposed Adaptive Sliding Mode Control (ASMC) as a remedy.
In ASMC, uncertain parameters with known bouadsestimatedadaptively in an effort to minimize

the effect of model and disturbance variations on the tracking accéiitioyas et al.[70] designed

an ASMC controller for a ball screw drive considering only the rigid body dynamics and disturbance
force variations. Kamalzadeh and Erkokrnia3] followed the sme concept to design a mode
compensating controller for a twoass plant model.To improve disturbance adaptatidWon and
Hedrick [71] proposed a&pecific selection of adaptation gains that resultethédecouping of the
disturbance estimation error from the sliding surface dynamics. Okwudire and Altigjasdopted

that ideaand designed a mode compensating disturbance adaptive sliding mode controller for a ball
screwdrive. They also designed Robust Minimum Tracking Eror Filter (MTEF) that generates

appropriate state reference trajectoriesrtfiorcethe minimizationof trackingerrors
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2.2.5 Robust Control and Gain Scheduling

When the table carrying the workpiece trawatsng the screw shafvr material is cut away from the
workpiece the dynamis of the feed drive changaccordingly.Thereforeit is vital to ensure that the
control system can cope withose changes in the plant dynami@ebust control techniqueseawell
suited in this regardtoh et al.[73] synthesized a feedback controllgsingthe H, frameworkto
achieve robustness against variationthe resonance frequency in a ball screw feed dNian
Brussel et al. [28] considered variations in thieall screwplant configuration as multiplicative
unstructured model uncertainties gmerformedminimization on the norm of a set of appropriately

weighted transfer functiorte obtain a robust controller.

Another approach thandlevarying dynamicdn long-stroke ball screw drives is gain scheduling.
Symens et al[74] designed multiple H controllers eachfor a different nominalposition of a
flexible Cartesian robpaind thenused linear interpolation for combinitige controllers based on the
current table positionAs an alternative method of modelirfgepasi et al[75] developed a loear
Varying Parameter (LVP) modéhat took into account both varying position of the table as well as
the uncertain load mass$heir controlles were scheduled over measured position éme resulting
closed loop system maintainembushessagainst loadnass variations

2.3 Compensation of Repetitive Disturbances and Errors

Since motion delivery in ball screw drives is based on mechanical contact, imperfections in the
mating components result ihe deterioration of achievable dynamic accuracy. For exareplers in

the pitch angleas mentioned in Sectidh1.6 cause harmonic positioning errors which can occur at
high frequencies when the drive is in high spesation. Misalignments and grating errors in the
encoders may also have a similar effd@ttese errors ardifficult to correct using classical feedback
techniques, especially when the frequency of the error harmonics is beyond thatloséwoop
bandwdth. Although modebased feedforward approacltas availabldor correction purposdg43],

such compensation techniqgues may become ineffectiven there are variations in the error
characteristics, e.g. a chanmn the lead error profile due to thermal deformations or wear on the ball

SCrew

On the other hand, cutting forces in operations such as milling have a periodic nature, where the
first few harmonicanay typically be beyond the closelbop bandwidth. Inhis case, the best that a

standardservo controller can do is to counteract the ave(dge) value of the cutting force, while
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leaving the high frequency componentsuppressed, free to cawdierations and positioning errors.
The ability to counteracthese harmonics would undoubtedly improve the dynamic positioning

accuracy of the drive system, atehsequentlyhe quality of parts produced on machine $ool

Moreover,attenuation operiodic disturbances is a recurrent issuedntrol ofindustrial dvices
such adast tool servo$76, 77] hard disk drive$78, 79] and robotic manipulatof80]. Therefore,
the following sections are dedicated to reviewing some -kvedlvn closed loop methods for

cancellation of harmonic disturbances.

2.3.1 Internal Model Principle and Repetitive Control

The Internal Model Principle (IMP) states that in order to asgtigally reject an external
disturbance, the controller must include a model of the disturj8ateMP is the core idea behind

the design of Repetitive Controllers (R[8R, 83] In internal model control and repetitive control,

the controller gain is infinite at the frequency tbe disturbance because the controller transfer
function has a pair of poles on the imaginary axis corresponding to that fegqiiberefore, in these
methods, it is assumed that the fundamental disturbance frequewejl-isiown and not varying.

Then, the sampling frequency needs to be adjusted so that it is an integer multiple of the disturbance
frequency[84]. The signal flow of a repetitive controller is illustratedrigure 2.9. Sincethe transfer

function of an RC(Equation(2.5)) has aninfinite number ofpoleson the imaginary axjsand thus

very high gains atrget frequencies, low pass filtereused to stabilize the control system.

G(9) = 1_ S (2.5)

Unfortunately, lowpass filtering the RC generated signals also lowers the ability of the controller
in tracking or rejectig theintended harmonic85]. Nevertheless, the successful application of RC in
mitigating the detrimental effects of harmonic cutting forces is reportgt jr86] In [86], a vetical
CNC machine is retrofitted with a dynamometer and a piezoelectric actirattreir work, he
dynamometer measures tlsemponent of thecutting force inthe direction normal to the feed
direction while an RCcontroller regulates the amount of tfisce by manipulating the radial depth
of cut through the piezoelectric actuatttris shown that this strategg effective inimproving the
surfacefinish of the machind part by reducing the amount @ifictuations incutting force. In
contrary tothe methodpresented ir{86], the repetitive control strategy proposed[4d] does not

require additional hardware such as dynamometers or piezoelectric actaatbests directlyipon
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position error of the feed drive system. In thispeet, it is similarto the approachaken in this thesis
in Chapter 5. However, in our approatie Adaptive Feedforward Cancellation (AFC) technique has
been used for harmonic rejection. This akofer more flexibility in targetingspecific harmonics

without having to deal withall the complexity and difficulty of designing a stable repetitive

controller.
Im{s}
®,=27n/L
2ja,
jo,
+ U(s)
E(s) > — 5 = Re{s}
+ Periodic i
Signal -2jo,
-Ls
e
Delay Element
(a) signal flow (b) pole locations

Figure 2.9: Periodic signal generationin repetitive control [87].

2.3.2 Adaptive Feedforward Compensation

Adaptive Feedforward Cancellation (AF{B8, 89]is another harmonic cancellation approagh i
which the correction signal is ndirectly generatedy thefeedbackcontroller. Instead, an external
bl ock is used to adaptively estimate tdasingnagni t i
the harmonic error, and inject an appropriatecetation signal into the control loop to cancel its
effect out. There are different configuratiorier integratingAFC into the main control systeras
shown inFigure2.10. In this thesis, parallel and serial configurations are implemented and tested for

harmonic rejection as detailed@hapter 5

21



Z(s)

N(s)

(a) Parallel implementation (b) Serial implementation

R(s) Z(s)

H—{Karcp>@—] ce) |-+{G0)
l :N

(c) Outer loop implementation

Figure 2.10: Different configurations for implementation of AFC [90].

Although, in general, the AFC is a nonlinear scheindbecomes edualent to a Linear Time
Invariant (LTI) filter when the disturbance frequency is consfatt93]. This makes it possible to
use the Nyquist criterion for stabilignalysis of the closed loop systeRecently[94], it has been
shown thafor certain AFC updaig laws,even ifthe disturbance frequencytime-varying,the AFC
scheme is still equivalent @ linear timevaryingfilter. Based on this principle, a design technique
similar to the one 93] has been extenddry Hosseinkhani and Erkorkm4&5] for improving the
dynamic accuracy of badcrew drivesThe details of this design are presenteGapter 5 It is also
demonstrated that the proposed controller successfully mitigates the effdetsd cind encoder
errors, and also high frequency cutting forces, thereby resulting in more accurate motion during high

travel speeds and machining.

2.4 Conclusion

This chapter hasummarizedsome of the key issues related to modeling and control of ball screw

drives. Special attention was paid to the state of the art in finite element manfdtialy screw feed

drive systemsThis knowledgds usedin Chapter 3of this thesigo develop a finite element model

for aball screw drivesetup. Alsothe challenging consequences of structural flexibilities on control

of ball screw drives were addressadd some of thpracticalsolutions forenhancing the bandwidth

of the controller in this situation were reviewdd. Chapter 4of this thesis, Hree novel control

strategies are proposdéhat achieve widebandwidth througtactive damping of vibrationg a ball

screw setupAnother important topic discussed in this chapter hasnonic disturbance rejection.

Internal model principle, repetitive control, and adaptive feedforward cancellation (AFC) techniques
22



were cited as weknown methods of dealing with harmonic disturbandasChapter 5 an AFC
compensator is designed and integrated into a pwition controlleto enhance the perfoance of

the ball screw drive against harmonic disturbances of known frequency that originate from cutting
forces or lead errors.
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Chapter 3

Modeling and I dentification of Bal

Optimal design of thestructue and control system of a machine tooldemand a thorough
understanding of the dynamié®m power input(s)to performance output(s) of the machirfféis
understanding is built up in pafiroughaccuratemodelingof critical machinecomponents such as
the frame, spindles and feed drivBsawing on a wide range of disciplines, from poweégctronics
to Finite Element (FE) analysis to tribology and experimental modal testing, the goal of this chapter is
to establish mathematical modefer important subkcomponentsof a feed drive.The models
presented in this chapter atevelopedor, andverified on, a labmade singleaxis ball screw drive
introduced in SectioB.1 In Section3.2, a dynamic model is developed for therrentamplifier and
its parameters ameterminedo best replicate the measured current BREhe motor The resulting
model is then used for removing the current loop dynamics from measured acceleragjoency
Response Function&RF9, whenthe excitationsignalis generated byhe motor. In Seabn 3.3 a
finite element model for the mechanical structure of the feed drive is createdilaetl for FRF
predictions.Simple ball screwmodels suitable for carol design areintroducedin Section3.4.

Finally, some concluding remarks gneesentedn Section3.5.

3.1 Experimental Setup

The moving table of the test setup, used throughout this theBigufe 3.1), is sliding over two
cylindrical guideway®n 4 air bushingsit is actuated by a 3 kW servo motbrougha precision ball
screwwith both lead and diameter @0 mm(Figure3.1). A backlasHree doubleflex closecoupled
disk-pack style coupling is used for transmitting the torque from the motor to the screwTsimft.
coupling hasa high torsional stiffness, and accommodates the small amounts of misaligwent.
optical incrementalrotary encoderswith sinusoidal output(Heidenhain ERN 180measure the
rotation of the screw shaft at differetcations along the screw axi&ncoder 2 is mounted in the
proximity of the couplingwhereasEncoder 1 is mounted close to the free end of the screw shatft.
These encoders generate 5000 cycles ghaft revolution However, consideringthe 400 times
interpolation of thesinusoidal encaet signalsn the data acquisitioboard the actuatesolutionturns
out to beequivalent to 10 nm of table motiom addition the angular position of the motor is

measured b¥ncoder 3vhich hasa table motion equivalemésolutionof 0.625mm. A linear encoder
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(Heidenhain LIF 101Ryvith 20 nm resolution measuré®e axial position of the tablén this setup,

limit switches are placed in such a way that allow axis stroke of 350 mm.

’

N

Encoder 1 /4%

*“Fixed-end
N/ j.begring

F(En

&

Figure 3.1: Ball Screw Test Setup.

To investigate modal characteristics of the settgpped sine excitation technique was used to
obtainfrequency response of the machatesncoder locations to the reference torque signals sent to
the motor through an analog inpuSinae theamplitudeof the sinusoidalnput commandsvas kept
within the saturation limits of the motothe current saturation was not a concernthese
measurementsHowever, due to frequency response-offl effect in the current control loop, the
torqueexcitation above 400 Hz is very little. THisevitably reduceshe accuracy of the measured
FRFs at high frequency range (400 to 2000 Hz) due to eventual dominance of nonlinear effects such
as friction. The results of these measurements sttewn in Figure 3.2 From these data, the
observable natural frequencies of the setup were identified to be at 145HEHz41080 Hz and
1680 Hz. In order to gemore insight into the dynamics of the mechanical structure, impact hammer
testng was also carried out by measuring impact force and acceleration response signals to and from
the table. Axan be seen iRigure3.3, the first modgat 141 H2 shows up strongly in the measured
FRF Thisindicates that axial deformations are significant in this mode. In cortnasither modes
appear to be dominantlyrgional.Sincein the stepped sine teghhe motor was used as the excitation
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device, the obtained FRRB$so contairthe dynamics of the current amplifier. ©btainthe frequency
responses tthe torqueapplied by the motoknowledge ofturrent loopdynanics is necessarif this
knowledge is available, one can simply divide the measured FRFs by the FRF of the current loop

obtain mechanical FRFs, as done in the proceeding sections.

— 15000 T T T T T T T T T
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Figure 3.2: Feed drive FRFsfrom motor torque commandto acceleration responses ancoder

locations

26



Magnitude [m/s%/N]

Phase [deg]

04

’\ Rotary Enc. #2
031 l\ — — - Linear Enc.
02| | |
)\
0.1 ) N i
0 — —le. — 1
0 100 200 300 400 500 600
1000 T T T T T
s e e e e e ——— —— — —— — — —— ot e oo e
0 .
-1000 - R
-2000 - R
—3000 1 1 1 1 1
0 100 200 300 400 500 600

Frequency [Hz]

Figure 3.3: Feed drive FRFs from impact force to the table to acceleration responses at encoder

locations.

3.2 Modeling and Identification of Current Control Loop Dynamics

The actuatoused in the testetup is a $hasesurface mounted Permanent Magnet Synchronous

Motor (PMSM) manufactured by OmrorCorporation The stator winding of this motor is-Y

connected as schematigathown inFigure3.4.

+0 >

Figure 3.4: Schematics of a Yconnected stator winding.

Torque controbf a PMSM is commonlycarried out by vector control methods such as Field Oriented
Control (FOC) [96] and Direct Torque Contro{DTC) [97]. Among these method&OC iswidely
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adopted in indusial applicationsdue to its weHldeveloped theory.In FOC, thethree phaseAC

currents areequivalently represented by two current components riotating frame synchronous to
the rotor(d-q frame as shown irFigure3.5.

C

Figure 3.5: Current vector resolved in thed-g frame.

The advantage of this transformation is thatdtecurrentcomponentsig i) behavesimilar toDC

signals
%: &id ,I.‘.Q_ iwﬁi..
t L LT L o
di L '
ﬁ: &iq A idwﬁk Ym
d Ly 0 Ly Ly Lq

Above, iy andiq are direct and quadrature current componegtsi, are dgaxis voltagesRs is
the stator winding resistancevhich is half of the lindo-line resistancdy, L, are dgaxis

inductancesw is the angular speed of the motor shaftd y |, is therotor flux linkage.Defining P

as the number of armature pole pairs, the mmtayuecan be calculated as folloy88]:
3. .
T_EPS Ynig kg L9idq (3.2

In the simplest form of FOC, theakis current () is held to zero by a Proportioriategral (PI)

controller. This current control strategy the most commonly usedh industrial application$99].

Thereforeit is assumed here that this control method is implemented in the motor driver of our test
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setup.Furthermoreye krow thatin a surfacenounted PMSMiue to symmetryLy and L, areboth
equal toLg which is half of the lingo-line inductancg100]:
Ly =Ly s (3.3

Consequently, Equatiqi3.2) can be simplified as follows:

_3 :
T= > P Yniq (3.4)
Moreover, a feedforward compensator is usually used to cancetheueffectof back emf as
appeared in Equatio(8.1). Therefore, to control motor torque, it is sufficient to contrpl by

manipulating u, through a controller. The plant transfer function frag to i, is successfully

approximatedrom Equation(3.1) after applying the simplifications mentioned above:

iq(S) 1
G(9=——= = (3.5)
(9 Lst R
The control oﬁq is easily accomplishelaly a Pl controller:
. K s+ K
c9=k, 41 =270 (3.6)
S

S

In order to ensure enough phase margin, it is a common practice to select the controller zero in
such a way that it cancels the plant ddél, 102]

(3.7)

4|0

Ki

Kp
In anideal situation, thisnakesthe loop transfer functioa pure integrator with constant phase

margin of 90 degreesegardless of the chosen bandwid#towever, in reality, current measurement

filters and delays due to Pulse Width Modulation (PWM) inside the current amplifier induce phase

lag, and their effect must b&lsoconsidered when tuning the parameters of tireeat control loop

The PWM transfer function can be approximated using small signal aHa3]s

T,
Gpwm (S @& 2 (38)
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Above, T is the PWM switching frequencyince PWM signals are contaminated by harmonic

components at the switching frequency and its multiples, measured currents are passed through a low
pass filter to removéhese harmonics first order filter with a corar frequencyaroundhalf of the

switching frequencys typically used for this purpogd04]:

1

H= :
S+ W

D
woT (3.9)

The motordriver used in our setuprovidesan analog output for monitoring motor current. Since
current control is performed digitallyhe effects of digital to analog (DAC) converter hdeebe
considered when analyzing the measured current iae.DAC effect can beepresented by the
following transfer functiorj105]:

1 1- e' STsample

Gzon = (3.10

Tsample

bref K, s+K,

v

Ls+R,

N

S
Lnonitor /I

Gzon

Figure 3.6: Block diagram of current control loop.

Considering the above mentioned elements, a block diagram of the current control loop is
demonstrated ifrigure 3.6. Simplifying this block diagram leads to the following transfer functions

for the current loop:

et 1+CGpymGH (31D
imonitor =G CG PWMGH (3 12)

Iref #OM 1+CGpymGH
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Motor and amplifierparameters related to current controller desipng with their valuesare
listed inTable3.1 Missing in this list ighe value ofcurrent monitoring signal samplirfigequency (

Tsample): Which was nospecified in motodata sheets

Table 3.1: AC motor electrical parameters

Winding resistanceR) 0.0575W

Winding inductancel(s) | 0.75 mH

PWM switching frequency 3.9 kHz

In order to estimate controllgiins first the FRF of the generated current to reference current was

measured using stepped sine excitation technigygifor /1 ref iN Figure 3.6). Then, theassumed-
gain (K;) and the sampling frequencyfsty,) Were manually adjusted through trial and ertor

produce agood matchbetween the predicted FRF from Equat{@12) and the measured FRFR

each trial, the Bain (K,) was calculated according to Equati@i). When measuring the current

FRF, the rotor was locked in place with a brakeeliminate the effect of baekmf. Measured and
modeled current loop FRFs are shownFigure 3.7. The identifiedcurrent loopparameters are
summarized irmable3.2
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Figure 3.7: Measured and modeled FRFof the monitored current.

Table 3.2: Identified parameters of the current control loop.

K, 110V/(A.s)

Kp 1435 VIA

Ts 0.2564 ms

Tsample | 0-1282 ms

Wi 12566 rad/2000 Hz)

These parameters result in a current loop @@ Hz crossover frequency and phase margin of 68
degrees as depicted Figure 3.8 After loop parameters are identified, it becomes possible to
constuct the actual current response based on Equ@Bdd). Figure 3.9 shows he difference
between current FREt measurement poirffrom Equation(3.12)) and actual current FRF (from
Equation(3.11)). To remove the contribution of current loop dynamics measured FRFshown
in Figure 3.2, the acceleration FRF should be divided by the actual currentifFR): This results in
mechanical FRFs frommotor torque to acceleration at encoder locations. This correction is

demonstrated ifrigure3.10for theacceleratioFRF measured at encoderlgation.
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The mechanical FRFs will be used in the next section to valitk&tinite element predictions.
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Figure 3.8: Loop magnitude and phase of current amplifier
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Figure 3.9: Difference between current FRF atcurrent monitoring measurement point and

actual current FRF.
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Figure 3.10: Acceleration FRF measured at encoder #2 before and after correction faurrent

loop dynamics.

3.3 Finite Element Modeling of Ball Screw Mechanism

In order to get deepémsight into thedynamics of feed drives, it is necessarystudythe contribution

of stiffness and mass propertiesindividual componerd to the overall modatharacteristic®f the
system.Achieving this goal for ball screw drive is challengingarticularly due tahe distributed
nature of inertia and stiffness in the screw shdits implies thatthe modal contributiorof the screw
shaft depends in genéran the relative position of thetable Finite Element ModelingFEM)
approactprovidesa powerfulmeans for dealing with this situation, and therefore is followed in this

section to studthe modal characteristics tiietest setup

In this approach the screw shafis modeled as a 3D Timoshenko bef06], while dl other
sources of inertiasuch as the roterof the motor andencoders, coupling hubs, and the-taldle
assemblyaremodeled as rigid bods.On the other handinear and torsional sprinfgrmulationsare
used to represent stiffness properties of kinematic joboish aghe ball screwnut interface shaft
hub connectionsair bearings supporting the tapknd the thrust and radial beays(Figure 3.117).
The stiffness value for each of these joistaitially taken from catalog data. Howevesince there

are significant uncertaities associated witthe stiffness of the joints, FE model updatifif7]
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becomes necessaty removethe discrepancies between measured FRFs and FE predidietasls

of finite element equationssed in this thes are presented in Appendix A.

Table
/ Screw shaft-hub

Encoder #2 comnection Motor shaft-hub

connection
Radial ball bearin, Screw-nut . Cotnlin
® interface Air bushings Thrust bearing phing

Encoder #1

Figure 3.11: Schematic representation of the test setup.

In a nutshell, finite element modeling of the setup showhRigire 3.11 beginswith generating a
system of equations for the screw shaft byeagsing Timoshenko beam elements to consteuct
global stiffness matrix, and a global mass matrix. Bxtranodes reprgenting respectively the nrut
tableassemblyand the motor shaft are theansidered, and the global mass and stiffness matrices are
augmented with the degrees of freedom associated with these mohesnext step, the global mass
matrix is updated to tlude the rigid body mass properties of these noblise the specific element
stiffness matrices developed ffexible joints including the ball screwnut interface, the coupling,
and the bearings ar@corporatedinto the global stiffness matrixAfter the final form ofthese
matricess reached, thassociate@igenvalue probleris solvedin Matlabfor natural frequencies and
mode shapes. This information is used in predicting various FRFs of the Batuposition response

at nodal D@ e due toexcitation at nodal DB f can be obtained in the following form:

‘ mo ek gk g
eH( Wep Iil(an)k 2i( k(W

Above, (W,) is the natural frequengy is the modal damping ratiand|[f L]k,[ 1R] care left and

(3.19

right mass normalized mode shapes for #emode k=12,...m) [107]. The modaldamping
values in the following sections are tuned by trial and error to obtain a best fit between-the FE
predicted and measured FREss worth noting that the width and height of resonance peaks in the
measured FRF curves depend heavily on the existing damping regcoarate modeling of
damping in mechanical structures is not a trivial task. As a result, the assumption of modiagydamp
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usually made in order to approximately take into account the effect of dandpicg. the accurate
damping coefficients are identified, it is reasonable to assume that this inforipatiode reliable
estimates for damping in machines with differeonfigurations but with the similar sources of
damping. Therefore, the knowledge obtained fromnftlel updatingor a particular machinéeool

will have broader applications in design and analysis groapof somewhasimilar machine tools.

The reasonhat Matlab is used in this thesis for finite element modeling and solution is that it
providesextended simulation capabilities that can be further used to simulate the dynamic response of
the reduced order FE model in the presence of nonlinear effedtsasufrictionand lead error
disturbances.

3.3.1 Model Updating in Ball Screw-Nut Assembly

To illustrate the necessity for model updating, let us confiid¢the FE modebf the ball screwnut
assembly alone. In that caskee only joint that has to be modl is the screw joint between thall
screwand thenut Throughout this thesis, the stiffness matrix for that jeirdalculatedollowing the
methodproposed by Okwudirfl]. In this method, the stiffnessatrix is formulated as a functiaf
thenut 6 s a x iThelnonsnal ivalué of this arameter the maximum permissible preload
speci fied i n t hel[l08aHowever since thecactdalsprelozmy ba less than the
maximum permissiblean updated valumrthen ut 6 s st i fu$edie BEssimolati®ito gebh e
accurate predictiondn order tofind the correct valueexperimental data needs to be collectgd b
conducting a frequency response measurent@ntthat purposea ball screw identical to the one
used in the test setup was suspended from two bungee tcoretaulate the freee boundary
conditions Figure 3.12. Then, an finpacttestwas carried ouby hitting the screwshaft with a

hammerat oneend while recording the nut response with an accelerometer

-\‘.

TEmY - swnununnnnewwwew 72 D owosns
-

Rl L L L R T T —

Figure 3.12: Setup for impact hammer tesing on the ball screw with freefree boundary

conditions.
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The resulting FRF is presentedhigure 3.13 This figure alsshowsthe FRF obtained from FE
simulation whenthe nominalcatalogvalue ofthenutd stiffness is usedAs can be seetin this case,
the natural frequermes of two modes (at 1862 Hz and 4812 Hzg overestimated his indicates that

the assumed stiffness of the mgeds to bepdated
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h ”
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Tmag [m/s*/N]

Figure 3.13: Measured and predicted FRFs when nominal nut stiffness is used in the FE model.

After a few trials, the correct valueofnbs sti ffness was deemed t o be

value. As shown irFigure 3.14 adopting this updated stiffness in the FE model leads tosa clo

match between simulated and measured FRFs.
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Figure 3.14: Measured and predicted FRFs when updated nut stiffness is used in the FE model.

3.3.2 FE Model for the Entire Setup

To create an FE model for the entsegtup, inertibproperties of different parts have to be taken from
catalog dataor calculated based on CAD modeaisd weighing The inertiaand stiffnessralues of

components ithe setup are listetespectivelyin Table3.3and

Table3.4

Table 3.3: Inertia of important components of the test setup.

Inertia source

Value

Nut and table assembly mass [K

33474

Il nertia of

my t

7.03 10*

Inertia of en’k

8.53 10°

Inertia of coupling [kg rf

9.03 10*
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Table 3.4: Important lumped stiffness values.

Stiffness parameter Nominal value| FE updated valug
Axial stiffness ofthe nut [N/m] 109.63 1C° 84.943 10°
Torsional stiffness athe coupling 39545 39545

Vertical stiffness of each air bearing [N/n 1593 1¢° 1593 10°

Lateral stiffness of each air bearing [N/n| 1593 10° 1593 10°

Axial stiffness ofthethrust bearing [N/m] | 1.133 10° 0.543 10°

Radial stiffness ofthethrust bearing [N/m] 1.03 1¢° 1.03 1¢°

Radial stiffness otheradialbearing[N/m] | 5.03 10’ 5.03 10

The necessity for model updating arises again when taking a step forward to model the entire setup.
This time, if thenominalvalue for axial stiffness of the thrust bearing is adopte@Brsimulations,
the predicted natural frequency for the first observable mode will be an overestimation of the
measured valué¢Figure 3.15. This resut is not unexpected, since in reality, the thrust bearing is
bolted down to the machineds frame and the bol te
the axial stiffness of the bearingjo accommodate this facthe value ofthe thrust bedng axial
stiffness in the FE model was updated 80 of its nominal valué¢o reflect the combinedtiffnessof
the bolted joint andhe thrust bearingFigure 3.16 demonstrates that adopting this updated value in
the FE model makes the FE predictiorlefmode 6 s nat ur al fredhusenndey f ar
imposes a&evee limitation on the achievablcontrol bandwidthas will be discussed later in Chapter
4. The mode shapes associateih this mode are depicted iRigure 3.17 and Figure 3.18 for
torsional and axial deformations respectively As can be seem Figure 3.17, in this mode the
couplingdoes not go through signifioaitorsion. Howeverpart ofthe screw shatbetweerthe shatt
hub interface up to the scrawut interfacds twisted linearly Therest of the screw shaft experiences
a uniform rotation.
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Figure 3.15: FRF from motor torque to angular position of the screw shaft at Encoder #2

(nominal value of thrust bearing axial stiffness is used in thEE model).
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Figure 3.16: FRF from motor torque to angular position of the screw shaft at Encoder #2

(updated value of thrust bearing axial stiffness is used in the FE model).
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Figure 3.17: Torsional deformation of screw shaft at mode #1 (141 Hz).
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Figure 3.18: Axial deformation of screw shaft at mode #1 (141 Hz).

Although torsional deformation of the screw shafmode #1 is considerable, it is the intensity of
axial deformations that makes this mad@racteristicallydistinct from the othemodes This fact is

corroborated by the observation of a strong resonance peak in the FRFs for which the table position is
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taken as the outpukor examplefFigure 3.20 shows the FRF from motor torque excitation to table
position.In this FRF, the appearance of a resonance peak at 141 Hz indicates strong linear motion of
the table at that frequencyVhe dominance dbngitudinaldeformation ovetorsionaldeformation in

this mode is also evidefrom Figure 3.2 andFigure3.3, asthe iesonance peak recorded by the linear
encoder is roughly 5 times larger than the resonance peak recorded by the rotary enéoushe?.
observation irFigure3.18 is that the main contributor to the axial mode is the combined stiffness of
the thrust bearing and the bolts that mount down the supporting bracket of the thrust bearing to the
underlying frameThe natural frequency of this mode can be approximated fosimple model
including three springs in serias shown irFigure3.19.

nut
%MM%MN%W "

Figure 3.19: Simple model for calculatingthe natural frequency of the axial mode.

The first spring with stiffnesky, (from Table3.4)r e pr esent s the combined effect
and its mouKyishg stéfnepspualua associated with the portion of the screw shaft

involvedin torque transmission, ar,; (from Table3.4)i s t he sti ff.ness of the ball

For examplewhen the table is at middle positidhe nut is0.55 m away from the location of the
thrust bearing. This distance is considered to be equal to the aetigth lof the screw shaft (

I, =0.55 m). In this situation,K,s can be calculated as follows:

_EA (2108 16 Ninf )3 (254510 )

K
T, 0.55 m

87.2 miN (3.14)

Above,Ei s t he Youngdés modul Aisthd equvhlentsctoss sdactioryoftheor st ee
screw shaft.

Therefore, the equivalent axial stiffness is calculated as follows:

1 1 .1 1 1 1 1 mm
== = 4= = 1
Keq Kip Kps Kpu 54 97.2 8494 N (3.15)

\ Keq =24.64 N/ mm

The natural frequency is calculated accordingly:

42



Wayial =\/ }:Tiq # 243‘2.‘2726 858 rad/s (or 137 H. (3.16)
To verify that the developed FE code is capable of capturing the varying dynamics, when the table

moves along thecrew axis, a set of impact hammer tests were conducted at three different $ocation

of the table within its strokeThe distance between consecutive locatisaschosento beequal to

half of the stroke (170 mmpAs can be seen iRigure 3.21, thedeveloped~E code can predict with

reasonablaccuracythe change in the FRF due to movement of the table along its stroke.

x 10
4 T T T T T T T T T
&
=
0 1 1 1 1 1 1 1 1 T
100 110 120 130 140 150 160 170 180 190 200
FE predicted
E — — = Measured 7
QV.J) ______
————
£
_8 1 1 1 1 1 1 1 1 1
100 110 120 130 140 150 160 170 180 190 200

Freq [Hz]

Figure 3.20: FRF from motor torque excitation to linear displacement of the table.
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Figure 3.21: FRF from impact hammer force applied to the table to linear acceleration of the

table when it is located at three different spots within its stroke.

As mentioned earlier, the second observable mode of vibration ocounsda50 Hz. TheFE
analysiswas once agaimmployedto predict tls natural frequency, and study the mode shape
associaté with this vibration modefFigure3.22showsthat in this mode, the shaft undergoes a linear
twist between the locations of Encodet @hd Encoder # Because the screw shaft undergoes large
rotations at the |l ocation of Encoder # 1, the iner
on the natural frequency of this mode. For example, FE analysis shows that if that encoder is
dismounted fronthe screw shaft, theatural frequency of mode #2 wollttrease to 650 Hz.
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Figure 3.22: Torsional deformation of screw shaft at mode #2 (459 Hz).

PositionFRF curvesinvolving the second resonance peak related to mode #2 are sh&iguiie

3.23 To have a better view of this mode, acceleration FRFs are also ah&igure3.24 The drift

in the measured FRF is likely due to the ewerrection of the current loop dynamics effect.
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Figure 3.23: FRF from motor torque to angular position of the screw shaft at Encoder #2
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Figure 3.24: FRF from motor torque to angular acceleration of the screw shaft at Encoder #2.

A similar approach was followed fdhe analysis of mode #3 (~1080 Hz) and mode #4 8016
Hz). However, this timethe FE analysis indicated the existencéhofetorsional modeat 1020 Hz,
1263 Hzand 1668 Hzin the frequency range of 10@D00 Hz insteadof the just two showing up in
the measurement§igure 3.26). Since the shape of the resonance peak for the mode at 1263 Hz is
very similar to the masured mode at 1080 Hz, it is believed that thecéde overestimates the
frequency of that mode, and in reality, the first and second modes predicted by FE in that frequency
range should be closely spaced so their combined effect is seen in the meRsuasdaFsingle peak.
Studying therotational responsenode shapes associated with these m@Begire 3.27 to Figure
3.29 shows that in contrast to mode #1 and modeth2se higher modes are significantly influenced
by the dynamics of the couplingdere in this thesisa two-massspring model wasused in the FE
codeto represent the dynamics of the coupliaihough this model is adequate for representing the
dynamics of jawtype couplinggFigure 3.25b), asreported by Okwudirg29], a more complicated
model may be required for accurately representing the contribution of -#ypeskcoupling witha

spacer similar to the one used in our s€kigure 3.253).
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(a) Disk-pack type
coupling

(b) Jaw-type

coupling Elastomer

Flexible
disk packs

Figure 3.25: Disk-pack versus jaw type couplind109].
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Figure 3.26: FRF from motor torque to angular position of the screw shaft at Encoder #2.
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Figure 3.27: Torsional deformation of screw shaft at mode #3 (1020 Hz).
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Figure 3.28: Torsional deformation of screw shaft at mode #4 (1263 Hz).
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Figure 3.29: Torsional deformation of screw shaft at mode #2 (1668 Hz).
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3.4 Frequency Domain Model Identification through Modal Analysis

Although the FE analysis presented in the previous section provides a valuable insight into the
dynamics of a feed drive system, the model resulting from this approach is, most often, not suitable
for control design purposes. Bhstems from the fact thaften simple submodels with hominal
parameter values are used as building blocks of a FE model. Theswdals do not necessarily
represent the involved dynamics with enough accuracy. For example, there is a significaainiycert
associated with the available models for capturing the stiffness of bolted jointget around this

issue the plant modelasedfor controller design are usually identified experimenttilpugh modal
analysis.In Section3.4.1, modal data are used to fit parameters bfrapedtwo-mass modelThis

model is intuitive, andhe calculated parameters have a clear physical interpretétawever, it is

only capable of capturingne mode of vibration Therefore,to obtain higher order modela more
generalizedapproachmust be taken, in which other vibration modes are also modeleSection

3.4.2 such an approach is adoptedoptimize modal parameters in such a way that the FRReof
assumed modela(rigid body superimposed by a series of second order oscilldtess fits the
measured FRF.

3.4.1 Lumped Mass Model (Rigid Body Motion + 1st Vibration Mode)

In order to develop a two mass moddie tresponse of the bakrewdrive to control (1) and
disturbance ¢ ) inputs was measured by applyismpusoidal motor current commands and impact
hammer testing. The measurements are shoviigiare 3.30 Using the model irFigure 2.5, the
control signal equivalent drive parameters were identified mas1.858 10-3 V/(rad/g), m,

=0.379 10-3 V/(rad/s2),b, =1.026 10-3 V/(rad/s),b, =0 V/(rad/s) (due to aerostatic guidewayls),
=247.1 Virad, and =0.0222 V/(rad/s). Conversion of these parameters to Sl units can be realized by
considering the current amplifier gain (1.7193 A/V), motor torque constant (0.57 Nm/A), and lead

screw pitch (20 mm). Another important parameter is the loop d&lay,=0.333 ms, which is

mainly caused by the.8 kHz pulsewidth modulation (PWM) in the current amplifier. Frequency

response functions (FRF&6s) predicted by the model

Figure3.30
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Figure 3.30: Modeled (solid line) and measured (dashed line) opdnop frequency response

functions.

The statespace representation for the twass model can be written as follows:

&0 1 I
& L. €0 g
& og kb ko k@ &g oy
& gg ™Moo m e g ] (3.17)
€y Ug 0 0 0 1 € éu W '
e, L,“Ié k c k c+ U‘g é_u,; u
& aug k c k b e & o

em m m m 0

3.4.2 Multiple-Mode Model (Rigid Body Motion + First Three Modes)

Based on the FRFmeasuredit wasdeemed that the modes at 141 Hz, 450 Hz and 1080 Hz dominate
the vibratory responsd herefore, in addition to the rigid body mode, the SDOF Rational Fraction
Polynomial (RFP)24] method was used to identifthe modal parameters dhe vibration modes
mentioned above. Equatior(8.18 and (3.19 respectivelyshow the assumed form of position
response for the motor sidand the load side. The modal parameters identified accordingly are also

listed inTable3.5.
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U9 (st B S 55°+2zy8 4
Table 3.5: Identified modal parameters of the ball screw drive
Rigid body mode:
Vibratory modes: Natural frequency and dampir Residuals:
ratio:
1st mode W,y =865 rad/s a,; 0.02155, h 67.64¢
zy, =0.04 ap; =0.12814, 4795
2nd mode W,, =2827 rad/s a;, =0.0023, b 49.74
Zn2 =0.03 a22 :0, 9 (0=
3rd mode W,z 6722 rad/: a;3 =-0.063176,  387.4
Zn3 =0.03 dog =0, i% 0=

It is noteworthythat the mechanicalFRF of the systenwas used in parameter identification
procedureln other wordsthe effect of loop delgydue to current loop dynamicsasfirst removed
from the measured FRFandthen themodal parametersvere identified (Figure 3.31). Once the

modal parameters are known, it is possible to construct the modeledviRFeffect of the loop
delayincorporatedqFigure3.32).
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Figure 3.31: Curve fitting to rigid body dynamics and first three resonances.
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Figure 3.32 Modeled and measured operoop frequency response functions (mulfile modes).
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3.5 Conclusions

In this chapter, first a dynamic model for the current controller loop was developed based on
matching the frequency response of an assumedoBtrolled first order plant with PWM delays
measured current FRF data. This model was then used to madifyethsured FRFs when motor was
used as the excitation sourbg adjusting the gain angmoving extra phase laghen, this modified

FRF was used for validating a hybrid FE model developeth&dnall screw test setup. The results of

FE analysis were sked to be in good agreement with the measured data after some parameter
updating.Therefore it is safe to say that the insight obtained from the FE model can be reliably used
for controler design or structural modifications of the test setup in futur&weanally, a simplified
lumped model,as well as, amulti-mode transfer function modeVas also identified for active

vibration damping controller design @hapter 4
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Chapter 4
Wi de Bandwidth Controller Design Base:

The principal function of machine tool drives is to realize the desired feed motion between the tool
and workpiece as accurately as possible, while ensuring that disturbancess puctess forces and
nonlinear friction, have the least detrimental impact on the dynamic positioning accuracy. As the
general trend in feed drive design continues towards increasing the velocity and acceleration
capabilities, and the closédop bandwidh, it is inevitable that the control law has to deal with
mechanical resonance(s) which may lie within, or very close to, its responsive frequendiL t@hge

This has motivated research in developing feedforwgrd tommand shaping techniques, to avoid
exciting the dri vebos[1H;f111) and feedeack lbased vilerdtienrdempioge i n p
methods, which conquer the oscillatory response of gEhamical structure and are key to improving

the disturbance rejection of the drive around resonameesiforward control has also been applied
successfully for friction compensatiofi2]. However, in this thesisthe feedforward friction
compensation technique has not been used. Ingteattjctionis treated as a disturbance that has to

be rejected by the feedback controllers that are desfgnélis purpose

In this Chapter, three approaches are proposednfimimizing the detrimental effects of
resonance(s) on positioning accuracy and dynamic stifiofelsall screw drivesThe first approach
discussed in Sectiof.1, is based on the concept of sensor averagmegented if112]. The idea
behind this approads to make certain vibration modes unobservable to the control loop, and thereby
extend the loop bandwidth beyond the frequency of those modesi t hout | eopardi zin
stability. This can be done bydatinga multiroutput control systerasa singleoutputsystemthrough
appropriate fusin of sensor dataSuch atechnique was used by Gordon and Erkorki# to
develop a controller foa dual linear motor drive T-type gantry The applicability of this concepb
control of ball screwdrives wasinitially hinted atby Ellis and LorenZ2]. However in their work,
analysis of stabilityand performanceeither throughsimulations or experimenta/as not carried out
In Section 4.1of this thesis design, tuningand stability analysi®f a proposed Center of Mass
(COM) controlleris laid out in detail. Theperformance of the COM controller is then evaluated in
simulatilms as well as in tracking and cutting experimertdshough the COM design concept
appears promisinfpr application to an ideal two mass model, in reality, the phase &elaythe

current loop dynamicgposes a serious limitation on the achievable clokep bandwidth.
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Furthermore, there is a loss of degree of freedom in feedback design, compared to the more general

pole placement framework.

Consequentlyin a second approagiresentedn Section 4, not only the first resonance, but also
time delayof the plantis taken into account when designing the control [ahis approach applies
the principles of pole placement and lesigaping, and is easy to implement in practice. In addition to
good low frequency disturbance rejection, the control law gesviactive vibration damping, which
reduces the magnification of tracking errors near
the proposed strategy is demonstrated in machining and high speed tracking experiments, where its
performance is compad to the industry standardA? cascade control lawhe procedure explained
in Section2.2.1is used in tuning the gains of thePPcontroller

Finally, in an atemptto extend the controller bandwidth even further, higihequencymodes of
vibration are consideredn control law designin Section 4.3In this approacha Kalman filteris
designed based anhigh order identified modeif the system (presented $ection 3.4.2)This filter
is employedto estimatethe state vectoThe closed loop poleare then placed such thatithout
altering thedampednatural frequenciesthe exponential decay ratesf the vibration modesre
increasedTo improve the stability margin, a loop shapfilter is also added to the control loap
theplantinput Thisfilter is designedollowing the McFarlaneGlover loop shaping methdd]. This
approachs promsingin theory as it leads t@ very highclosed loopbandwidth. However, it was
observedhat using the robustifying filtermpairsthe damping ratios set during the pole placement
step. In additiondue to sensitivity of the Kalman filter to plant madgl errors, thecontroller
parametershave to be detuned to ensure stability, and as a result, the disturbance rejection

performanceredicted in frequency response anadysened out to bensatisfactory

4.1 Center of Mass Controller (COM)

The COMcontroller is designed assuming a two mass model for the ball screw(Eiguee2.5). In

transfer matrix form, the drive model can be written as:

ex(9 geGi(9 Gu(9 &9 o U
2 g é 5 HG(S) G . _
6009 36509 Gu(9 B9 JICO S0l (g (4.

The location of the center of mass is determisebllows
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c= Mt Mm%

o 4.2)

If the disturbance andiscous friction forces external to the system are neglected (i.e. assuming

d=h =H &), the acceleration of the center of mass turns out to be proportional to the input force
(u):

1

u:( )_)( -G, ——
MG )2

(4.3)

This is due to the fact that the spring and damper forces are internal to the, syslehave no
influence on the location of the COM13]. Later on,external damping and frictioforces will be
treated as external disturban@esl will be handled by the integral actidiquation(4.3) describes
the dynamics of a double integrat The idea here is to use a control law such as a simple PD to

enforce the COMo follow a trajectory(X,;) consistent with the second mass following the reference

trajectory(X,, ) :

N m
% (9= % F——% 4.4
m+m T m +m “44)

To accomplish this, the rotational position command has to be adjusted to account for the anticipated

elastic deformation of the drive. Hence, a command generator is used in the form:

x(s):g m . m %§+(E+bs+k§

- 4.5
gmtnp m +m cs +k vl 49

In order to minimize the internal vibrations of the tmass system, a control force proportional to

the velocity difference between the two madsepplied to the system:

d(x - d(D
u= Ky (det %) K2 (th) (4.6)

To show how this force dampens out the elastic mode of motion, we derive the transfer function from
the input force () to the displacement diffence between the two massé&Xx . The equations of

motion for this twemass system can be written as:
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m¥%=u-¢% % kx %

M=% %) K% ¥ 4.7

Multiplying the first equation by m, and the second one by and adding them together gives:

mmp(3%- %) *xm M x P (m Arkx X- g (4.8)

Taking the Laplace transform Bfjuation(4.8) yields:

(@+ M0 LI Ky ye) =2 3 =) 49)
mm mm LARY m
Or:
) 1
X(9- %(9 = By =——>—— (F (410
s,+2z8 fw
Above,
w2 MMk, (@ ) @1
"o omm " omm '
After substitutinghe activedampingtermdescribedy Equation(4.6) into Equation(4.10, we
obtain
1
D(9 = Kgps B
+2z8 fw (4.12)

\ [ +(2 znw%)s % W3 [£ @ Hsbd s

Equation (4.12 indicatesthat applying theproposedactive dampingincreases the damping ratio

with a factor ofb without altering the natural frequency of the oscillatiors better control the load

side of the twemass system, and push the stesidiye tracking error to zero, an integral controller

acting on the load sideyas implemented in parallel with timain COM controller.Figure4.1 shows

the overall control scheme that has been implemented isgtii®n
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Figure 4.1: Overall control schemefor the COM controller.

The averaging filter irFigure 4.1 is used to calculate th€EOM feedback signal according to
Equation(4.2). To mitigate the effect of highdrequency resonances on the stability of the designed
controller, a filter pack comprising of a low pass filter and two notch filters was added to the feedback

loop:

_S427 M8 HW 2 h BS wWh, Wi
=2 _ . (4.13)
S+2z W6 fW 2 F &S Wi, S* W

Grp

Above,w,, =2639 rad/s (420 H,z,; 9.2, i 07,w,, 10995 rad/s (1750 H.,z,, .15,

z4p, 9.7,W, =6283 rad/s (1000 H. Designingthe controller begins by selecting a value for the

active damping gainK,,, in Figure4.1). As shown, he feedback loopontainngK,,, togetherwith

the original plant forraa new plantfor which, other controller gains aszlected This new plan
denoted byGy; is presented ifrigure4.2. A loop shaping proceduiis then employedo design a
PID controller for the actively damped plastichthat the resulting control loop $a high crossover

frequency with at leas®¥5 degreesf phase margin

C=K, % Kgs k;(rdSJ’l)s(TSﬂ)
Kg =K (T Ty) (4.149
sz(Ti -H—d)
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Figure 4.2: Block diagram of the new plant for which COM control law is designed.

To achievethe desired phase margfirst, the T, is selected in such a way thae phase laglue to

theintegral actioratthe targetrossover frequenggqualsa pre-seleced value off

_ fist? tan 1 ( T 90- T Wi an(, 90 (4.15)

f
P S [s=]w c

Then, T4 is chosen to recover the loop phase adkievethe desired phase margin

fg =180 PM - fGu(jl o) @p(F ) Gabi o
fd :tar:[l( émd) (416)
\ Ty =W—tan( fi)

Cc

Above, f 4 is the required phase recoveiM is the desired phase margin, an4 (jw.) is the
phasdag due to loop delayst the target crossover frequendyinally, K; is calculated to bring the

loop magnitude to unity dhe targetrossover frequency

_ v [Gru(i W)
Ki =— o )
liweT; 4 |] @y (.17
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For this controllerthe target crossover frequerisychosen 890 Hz (w, = 565.47rad/s) and 15
degrees of phase lag prebudgeted for the integral actidi 45). After T;, Ty and K, are
determinedthe obtainedP and D gains aresedin the main COM controllenwherea the I-gain is
shiftedto the load sidéntegrator It is necessary to mention thd¢signingthe controller gains, as
explained above, is an iterative procedwtech is terminated whethe desired stability margins are
met, and the disturbance FR6,, ) takes a satisfactory shape:

Cro=51G1 +92G2S & o7 (K (419

For example, different choices can be made for the factor of damping indvgésat dictates the
value of K, . Figure4.3 shows how the value tf affectsthe shape of the frequency response of the
actively damped plant. As can be seen, without aaamping b=1), Gy, behaves like a double
integrator. Adding active damping roughly has the same effect on the FRF as adding a notch filter at

the frequency of resonanaghich brings about unwanted phase lag before the resonance frequency

Bode plot of G,
10 1 T T T T ] 1 S A

Magnitude []

10

200

150

Phase [deg]

Frequency [Hz]

Figure 4.3: Effect of the factor of damping increase on frequency response of the damped plant
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Although Figure 4.3 indicatesthat selection ofhigher values ob leads to better damping of the
vibration mode, it should be noted tH&,(9)| also needs the minimized as much as piss to
reduce the worst case dynamic stiffnegs. investigate the effect di on disturbance rejection,
|G,,(9)| was calculated according to Equati@hl5) for different values ob. The target crossover
frequencyand the desired phase margin were kept the saraél casesThe results are shown in
Figure4.4. As expected, the best resonance damping is realized when the highest takiasad in
the control design. However, as far as the low frequency disturbance rejection is concerned, the
correlationis reversed, and the best low frequency disturbance rejection is achieved with lowest value

of b. This presents a tradeoff between active vibration damping and low frequency disturbance

rejection.
10°
Solid line: model 1
Dashed line: calculated from| ]
open-loop disturbance n
FRF measurements
= ‘
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Figure 4.4: Load sidedisturbance FRF for COM controllers with different values ofb.

Considering the existing tradeoffs arekbd on théesign procedurexplainedabove the valueof
b = 4 was eventually selected for the COM control desadpng witha target cross frequency of 90
Hz. The controller gains were calculated according to Equai@bid) to (4.17). Thecontrol lawwas
initially designed in the continuous domaandthendiscretized usindeuler approximation for the
derivatives andTustin transformatiorfor the filters, at a sampling rate of 20 kHand implemented
on a dPACEDS1005platform From the loop transfer function magnitude plot showRigure4.6,
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the crossover frequency of the COM control loegs verifiedto be86 Hz. For comparison, a-Pl

cascade controller was also designed, where the velocity loop is closed with rotational feedback and
the position loop with translational feedbackPPcascade represents the industry mainstream. This
controller was designedceording to the guidelinesni[59], and also possesses velocity and

acceleration feedforward terras shown irFigure4.5.

X
Ball

Screw X
Drive

v

Linear Feedback

= Rotary Feedback

Figure 4.5: P-PI cascade feedback control plus velocity and acceleration feedforward control.

It is apparent fronfrigure 4.6 thatthe crossover of the-Pl control loopoccurs a4 Hz which is
below the crossover of the COM controll&he Nyquist plots for the COM andf controllers are
compared irFigure4.7. As can be seen, while the phase margin is around 45 degrees for the COM, it
is around 40 degrees for thePP. The sensitivity plot is shownin Figure 4.8. Here, COMcontrol
again shows an advantage ovePIRn terms of peak sensitivityhichis another indicator of stability

margin
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Figure 4.6: Loop transfer function magnitude for COM and P-Pl schemes.

As mentioned earlier, one of the most important requirements for control system of a feed drive is
the abilityto provide good disturbance attenuation against cutting forces acting on the loakkside.
can be seeln Figure 4.9, the designed COM controller improves the dynamic stiffness at low
frequencies, as well as in the vicinity of the resonance. However, cainfmathe mainstream

industrial RPPI cascade controller, jirovidesless disturbance attenuation at low frequencies
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Figure 4.7: Nyquist diagrams for COM and P-PI control.
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Figure 4.8: Sensitivity functions for COM and P-PI control.
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Figure 4.9: Load side disturbance response for operand COM closedloop cases

The closedoop command following FRF of theOM is also shown itrigure4.10. The designed
COM controller achieves a command following bandwidth of 106 Hz.

2 T T T T T T T T T
1 1 1 | -3 dB bandwidth ‘ 1

L5

1

Magnitude []

0.5

0

200

100

Phase [deg]

—-100

—200
0 20 40 60 80 100 120 140 160 180 200
Frequency [Hz]

Figure 4.10: Command following FRF of the designed COM controller.
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To investigate the range of model parameter variations that the COM controller can tolerate and

remain stable, a series of tirdemain simulations were conducted in eihihe load side inertiang, )

and the stiffness coefficienk)(werealteredby a percentage of their nominal valughe results for

this analysis arshownin Figure4.11 The COM controller is capable of toleratingstightly wider

range of parameter variation in the feed drive. For example, if the load side inertia increases to 13
times of its nominal value (assuming the drive stiffness 808&b ofits nominal value), th&€OM
controlle remains stable. However, for the saseenario, using thB-Pl controller will result in an

unstable system.
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Figure 4.11: Simulated stalle zones for (a) COM controller, and (b) P-PI cascade controller

4.1.1 Experimental Results

The COM controller \as validated in machining and high speed tracking experiments. The ball screw
drive was mounted on theaxis of an OKK Vertical Machining Center 410, equipped with a 3500

rpm spindle Figure4.12.

Figure 4.12: Experimental setup.
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In thefirst metal cutting experiment, a 1 indrameter2-flute helicalendmill was used to perform
slot-cutting on Aluminum 6065t 6 mm depth of cut, with feedrate of 360 mm/min, and spindle
speed ofl475 rpm(24.58 Hz).Measured psitioning errorfrom the linear encodedue tocutting
forces are shownin Figure 4.13 As anticipatedfrom the disturbance FRHA-{gure 4.9), the PPI
controller exhibits superior disturbance rejection atsiniedlefrequency (24.58 Hz) compared to the
COM controller and asresult, the positioning errors associated with the COM controller in this case
are higher compared to those asated with the APl controller.The maximum error for the COM
controller is 66mm whereas the maximum error for thePPcontroller is 57mm. The RMS error

values for the COM and-PI control cases were found to berfid and 13rm respectively.

60 N

Positioning Error [um]
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—60 P-PI Cascade 7
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Figure 4.13: Positioning error in 1 inch slotting at 1475 rpm spindle speed in 6065 aluminum.

To investigate the controller performanaehigher frequeng a second experiment was designed
and conducted using thelliowing cutting parameters: 3500 rpm spindle speed (58.33 Hz), 0.2 mm
depth of cut, 12000 mm/min feedrat€he positioning errorobserved inthis experiment are
presentedn Figure4.14for both COM and FPI cascade controllersn this case, thdifferencein
performances less cleaicut. The maximum error for the COM controller is 4.88h whereas the
maximum error for the #PI controller is 3.751m. The RMS error values for the COM anePP

control cases, however, were found to be r6and 0.691m respectivelyTherefore, tomakea
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correctjudgement spectral contendf the error signalgbtained fromFast FourierTransform (FFT)
was inspectedFrom Figure 4.15 it is clear thatthe spectrumof the error signalis concentrated
aroundthe runout frequency (58.33 Hz) and the togthssing frequency (116.66 HZj is also
evidentthat at these frequenciethe COM outperforms the-Pl in terms of disturbance rejection.

These results are consistent with the disturbance rejection F&§ented irFigure4.9.
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Figure 4.14: Positioning error in 1 inch slotting at 3500 rpm spindle speedi6065 aluminum.

69



x 10
4-5 T T T T
I P-PI cascade
41 I CoM .

3.5
g 3
5

2.5
&5
f 2
g
=]
S 15

—

0.5

0 50 100 150 200 250
Frequency [Hz]

Figure 4.15: Spectral content of positioning error in1 inch slotting at 3500 rpm spindle speed.

Figure4.16 and Figure 4.17 show thatthe proposedCOM controlleroutperformsthe P-PI cascade
controller in high speed tracking experiments this experimentneither friction nor lead error

compensation was us&den the controllers were implemented
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Figure 4.16: High speed tracking (vebcity: 1 m/s, aceleration: 10 m/, jerk: 200 m/s’).

Figure 4.17: High speed tracking (vebcity: 0.5 m/s, aceleration: 8.2m/s’, jerk: 200 m/s’).
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